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DETERMINATION OF A CRITERION TO PREDICT  
THE RESONANCE CAPTURE OF AN UNBALANCED ROTOR 
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ABSTRACT 
 

The paper presents the analysis of the transient behaviour of a rotor-disk system in the 
neighbourhood of the critical speed. In such conditions, the rotor may be captured in 
resonance, thus being unable to increase its angular speed. 
The aim of the study is to determine a criterion suitable to predict the system behaviour for 
different values of external torque and bearings damping.  

Keywords: rotordynamics, resonance capture 

 
 

1  INTRODUCTION 

The dynamic behaviour of unbalanced rotors mounted on 
elastic bearings represents an interesting engineering 
problem since, during the transient motion, when the 
system goes through the rotor critical velocity field, 
complex dynamical phenomena can occur ([1]). In fact, 
even in presence of small unbalances, during the rotor 
angular speed transients the system can be captured in 
resonance ([1,2]); this capture occurs when the energy, 
supplied to the system by means of an external torque in 
order to accelerate the angular velocity, indeed causes the 
growth of translational oscillations. Under such conditions, 
the rotor angular speed oscillates around a value 
correspondent to the translational critical frequency of the 
system, without being able to cross this value ([3]). 
The conditions, which favour the possible lock of the 
system in resonance, are mainly associated to limited values 
of the external torque and of the damping of the bearings. 
In the case of resonance capture, the damping is insufficient 
to dissipate the energy introduced in the system by the 
external torque; hence the translational motion grows at the 
expense of the angular speed, which maintains an almost 
constant value.  

Contact author: E. Bonisoli1, F. Vatta2, A. Vigliani3 
1 elvio.bonisoli@polito.it 
2 furio.vatta@polito.it 
3 alessandro.vigliani@polito.it 

 
 
The paper aims to investigate the aforementioned 
phenomenon with approximate analytical and numerical 
techniques, in order to foresee the capture conditions 
without using the differential formulations present in the 
literature ([3]). Hence the authors present a two degrees of 
freedom nonlinear model able to describe the capture 
phenomenon and consequently to analyse the system 
behaviour with almost-stationary techniques, for different 
values of damping and external power. The goal is to 
define a criterion that will allow to foresee the capture 
conditions without the need of numerical integration of the 
equations of motion. 
The analytical and numerical analysis presented in the 
paper allows to draw the following conclusions with regard 
to the resonance capture: 
• it occurs only in proximity of the translational critical 

frequency; 
• for low damped systems, it may arise for external 

torques quite smaller than those predicted with a 
almost–stationary approach, while for highly damped 
rotors the different approaches give nearly the same 
results. 

The method developed in the paper proves a useful tool in 
predicting the system transient behaviour and it can be 
successfully applied during the system design, since it 
allows to evaluate the minimum torque value necessary to 
avoid resonance capture. 
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2  ROTOR MODEL 

Similarly to the model proposed by Dimentberg & al. ([3]), 
the authors consider a vertical rotor mounted on elastic 
bearings; the shaft is described as a rigid body. Figure 1 
illustrates the system configuration at a general time. 
 

 
Figure 1  Two d.o.f. rotor model. 

 
Under the hypothesis that the axial symmetric rotor can 
translate only along x  direction, the system nonlinear 
dynamic equations are: 
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where ε  is the torque constant of the engine; then equations 
(1) become: 
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Finally, let 

x = x
q1

 and τ = Ωt; (4)

consequently 
d
dt

(⋅) = Ω
d

dτ
(⋅) = Ω(⋅)'

d 2

dt 2 (⋅) = Ω2 d 2

dτ 2 (⋅) = Ω2 (⋅ ′ ′ ) 
 (5)

 
 

The system can now be written in non-dimensional form: 

φ′+φ′Ωε−
Ω

=φ′′

φφ′′+φφ′+−′
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sin)1(

sincos2

2
0

2
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xxx
 (6)

Equations (6) will be analysed under the hypotheses of null 
initial conditions and external torque independent of the 
angular speed (i.e. ε = 0); consequently the rotor dynamics 
strongly depends on the external torque M 0 and on 
damping α  which represents the only dissipative term of 
the system. 
Some examples of numerical integration of equations (6), 
showing both capture/no capture time histories, are 
presented in Fig. 2÷4 ( q = 0.001, ε = 0); the numerical 
analysis allows to clarify some aspects of the dynamic 
behaviour, as described in what follows. For small external 
torques (α /Ω = 0.01, M 0 /Ω2 = 0.0065), the system 
angular speed grows almost linearly (Fig. 2-right) up to the 
system natural frequency ω = Ω , when the rotor 
translational motion cannot be neglected (Fig. 2-left). The 
nonlinear coupling of the second equation of (6) forces the 
mean value of the angular acceleration to decrease (Fig. 4), 
thus leading the angular speed towards capture, as shown in 
the following section. For larger values of the torque 
(α /Ω = 0.01, M 0 /Ω2 = 0.008 ), the rotor angular speed 
still grows linearly (Fig. 3-right), but when approaching the 
natural frequency ω = Ω  it remains in such condition for a 
short time. The nonlinear coupling term of the second 
equation of (6) provokes a small decrease of the angular 
acceleration, that, after a transient, returns to a mean value 
close to the one shown in the initial region of Fig. 4 (right): 
in this situation the resonance capture does not take place, 
as it may be seen also in Fig. 3. 
Observing the different dynamic behaviour, it appears that 
the sign change of the mean value of the angular 
acceleration (dash-dotted line in Fig. 4) can be considered 
an indicative parameter of the capture condition; in 
particular, considering the mean acceleration, it can be 
observed that if its first oscillation shows negative values, 
the system will evolve towards capture. 

3  APPROXIMATE ANALYSIS 

3.1  LINEARIZATION OF THE TRANSLATIONAL  
       EQUATION 
When the resonance capture takes place (e.g. α /Ω = 0.01, 
M 0 /Ω2 = 0.0065) the rotor almost stationary condition can 
be represented by the mean values of the translational 
oscillations and of the angular speed respectively (Fig. 2). 
Consequently, the rotor angular acceleration (obtained by 
numerical integration of eq.(6) and whose mean value is 
plotted in solid line in Fig. 4) oscillates around the null 
value. 
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Figure 2  Exact and approximate solution in capture conditions: x  vs. τ  (left) and ω  vs. τ  (right). 

 

 
Figure 3  Exact and approximate results for non-capture case: x  vs. . τ  (left) and ω  vs. τ  (right). 

 

 
Adopting an approximate technique, let consider ′ φ ≈const; 
obviously ′ ′ φ ≈ 0 and hence, being ′ ϕ = ω τ , where 
ω = ω /Ω , the first of eq. (6) becomes: 

′ ′ x +
2α
Ω

′ x + x = ω 2 cosω τ  (7)

whose particular solution can be sought in the form 
x P = x 0 cos (ω τ +ψ) , with x 0  real and positive. The 

translational oscillation modulus and phase are: 

x 0 =
ω 2

(1− ω 2)2 + 4α 2ω 2 /Ω2

ψ = arctan −2αω /Ω
1− ω 2

 (8)

Substituting such solution in the second of eq. (6), it yields: 

′ ′ φ =
M 0

Ω2 (1−εΩ ′ φ ) − qx 0ω 2 cos(ω τ +ψ) sin(ω τ )  (9)

considering the mean value, it holds: 

′ ′ φ =
M 0

Ω2 (1−εΩ ′ φ ) −
qαω 5 /Ω

(1− ω 2)2 + 4α 2ω 2 /Ω2  (10)

Now, let ′ ′ φ ≈ 0; hence 
M 0

Ω2 (1−εΩ ′ φ ) =
qαω 5 /Ω

(1− ω 2)2 + 4α 2ω 2 /Ω2  (11)

then the capture condition ω = 1 (i.e. ω = Ω) allows to 
determine the torque “limit” value: 

M 0 = M 0 (1−εΩ ′ φ ) =
qΩ3

4α
 (12)

It must be underlined that Dimentberg & al. ([3]) determine 
the same torque “limit” value by means of an asymptotic 
method that approximates the system behaviour over a 
period; to estimate the capture / no capture condition, these 
Authors use a numerical procedure consisting in 
progressive decrements of the “limit” value itself. It is 
worth noting that, as a matter of fact, the “real” value of the 
torque required to cross the capture region is only a 
percentage of the “limit” value and it strongly depends on 
the system damping (Fig. 6); moreover also the system 
initial conditions influence the capture condition ([2]). 
If the external torque is smaller than the “limit” value M 0 
of eq. (12), as in the example of Fig. 2 and 4 (where 
M 0 = 26% M 0), then eq. (11) is a fifth-degree equation in 
ω = ω /Ω , having three real and two complex conjugate 
solutions; the three real values, as it can be proved 
numerically, represent in increasing order the resonance 
capture speed (stable equilibrium), an unstable equilibrium 
velocity and the asymptotic speed of the rotor in case it 
passes through the capture condition ([3]). 
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Figure 4  Exact and approximate mean values of the angular acceleration:  

capture (left: M 0 = 26% M 0) and non-capture (right: M 0 = 32% M 0). 
 
 

Unfortunately, the analysis of the stationary condition does 
not lead to a significant index to discriminate the capture 
condition since eq. (11) and eq. (12) do not describe the 
system dynamic behaviour in transient motion; therefore 
M 0 does not correspond to the effective threshold. Hence, 
as previously stated, in order to determine an effective 
criterion for capture, the transient analysis appears 
fundamental. 

3.2  LINEARIZATION OF THE ROTATIONAL  
       EQUATION 
When the rotor is not captured (e.g. α /Ω = 0.01, 
M 0 = 32% M 0), the dynamic condition may be represented 
by a linear increase for the rotor angular velocity (Fig. 3-
right) and by a frequency sweep with constant acceleration 
for the translational oscillations (Fig. 3 - left). 
Consequently, the angular acceleration tends to possess a 
constant mean value, perturbed in the neighbourhood of the 
translational resonance frequency crossing (Fig. 3-right and 
4). 
Under the assumption that, for velocities smaller than the 
critical speed (i.e. ′ ϕ = ω ≤ 1), the nonlinear term can be 
neglected (i.e. ′ ′ x sinφ ≈ 0), from the second of eq. (6) it 
holds: 

′ ′ φ =
M 0

Ω2 −
εM 0 ′ φ 

Ω
, (13)

whose solution is given by the sum of the particular 
solution ′ ϕ P = 1/(εΩ) =  constant plus the homogeneous 
solution ′ ϕ H = A e−M 0τ / Ω . If the initial conditions are 

′ ϕ (τ = 0) = ′ ϕ 0, it holds: 

′ ϕ (τ ) = ′ ϕ 0 e−M 0τ / Ω +
1− e−M 0τ / Ω

εΩ
. (14)

Let the external torque be constant (i.e. ε = 0); then: 

′ ′ φ =
M 0

Ω2 , (15)

whose solution is simply 

′ ϕ (τ ) = ′ ϕ 0 +
M 0

Ω2 τ ; (16)

hence the final value of τ  for which ω = Ω  is 

τ =
(1− ′ ϕ 0)Ω2

M 0
. (17)

Substituting this solution in the first of eq. (6), it yields: 

′ ′ x +
2α
Ω

′ x + x = ′ ϕ 0 +
M 0

Ω2 τ
 
 
 

 
 
 

2

cos ϕ 0 + ′ ϕ 0τ +
M 0

2Ω2 τ 2 
 
 




+
M 0

Ω2 sinφ ϕ 0 + ′ ϕ 0τ +
M 0

2Ω2 τ 2 
 
 

 
 
 

 

(18)

that can be expressed in the form 

′ ′ x +
2α
Ω

′ x + x = C sin(ϑ + Θ) , (19)

where 

C = ′ ϕ 0 +
M 0

Ω2 τ
 
 
 

 
 
 

4

+
M 0

2

Ω4

ϑ = ϕ 0 + ′ ϕ 0τ +
M 0

2Ω2 τ 2

Θ = arctan
′ ϕ 0 +

M 0

Ω2 τ
 
 
 

 
 
 

2

M 0

Ω2

 
(20)

The solution x (τ )  can be seen as the convolution of two 
functions correspondent to the linear system impulse 
response h(τ )  and to a generic force f (τ ) , i.e.: 
x (τ ) = h(τ ) ∗ f (τ ) , (21)

or 
x (τ ) = ℑ −1[H (ω) ⋅ F (ω)], (22)

where H (ω) and F (ω)  are the Fourier transforms of h(τ )  
and f (τ ) . 
In particular, assuming that the constant terms can be 
neglected, the generic force f (τ )  represents a frequency 
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sweep with constant acceleration (i.e. C ∝τ 2); 
consequently, if the angular speed is increased slowly, the 
almost-stationary translational response of eq.(19) would 
show approximately the amplitude expressed in eq.(8). 
 

 
Figure 5  Coefficient Γ . 

 
In Fig. 2÷4 the numerical response (solid line) is compared 
to the approximate solution (dashed line) given in eq.(22). 
It is possible to state that the approximate model can 
accurately describe the system dynamical behaviour for 
angular speed ω ≤ 1, both in case of capture and escape: in 
particular, the first oscillation of the mean value of angular 
acceleration towards negative values is sufficiently 
represented, though in advance. 

4  TRANSIENT ANALYSIS 

The analysis of the time solutions of nonlinear eq.(6) 
plotted in Fig. 4 underlines that the sign change of the 
acceleration mean value can be considered a parameter 
strictly connected to the dynamical bifurcation of the 
system. Hence it proves an efficient index to foresee the 
capture condition. 
These considerations lead to the research of an analytical 
expression, which will allow foreseeing the capture 
conditions without having to solve numerically the equation 
of motion. 
In order to approximate the mean angular acceleration ′ ′ φ , 
i.e. the second expression in eq.(6), the following 
expression is suggested: 

′ ′ φ =
M 0

Ω2 (1−εΩ ′ φ ) +

− qΓΩ2u τ −
Ω2

M 0

 

 
 

 

 
 e

− 1
2

α
Ω τ − Ω 2

M0
 
 
  

 
 

sin M 0

2Ω2 τ −
Ω2

M 0

 

 
 

 

 
 

2 

 

 
 

 

 

 
 

(23)

where, according to the approximate expression of the 
translational response given in eq. (22), the mean angular 
acceleration ′ ′ φ  is described by two terms: the first one 
corresponds to the value given in (13), while the second 
term describes the fundamental harmonic of the oscillations 

that are responsible for the bifurcation in the 
neighbourhood of the translational resonance. 
The non-dimensional coefficient Γ in eq. (23) depends on 
M 0 /M 0  and corresponds to the ratio between the 
amplitude of the displacement x  obtained solving eq. (18) 
and the displacement in almost-stationary conditions 
computed in eq. (8). Hence it can be seen that eq. (18) 
corresponds to eq. (7), while u(τ − Ω2 /M 0)  is the step 
function at τ = Ω2 /M 0, with null initial conditions. 
Figure 5 plots coefficient Γ versus the external 
torque M 0 / M 0 ; this plot is built through the estimate of the 
Fourier transform modulus of the force acting on the 
translational system (eq. 19) divided by the corresponding 
squared angular speed. 
For an almost-harmonic force with linearly variable 
frequency and with amplitude dependent on the squared 
frequency, coefficient Γ can be interpreted as the weight of 
the external force in exciting the translational stationary 
response. Hence, the second term of eq. (23) represents the 
mean perturbation of the angular acceleration due to the 
translational system response to a frequency sweep with 
constant acceleration; consequently, it can be represented 
with a negative exponential term proportional to α  and by 
a periodic term shifted in time and whose frequency 
depends on time squared. 
In consequence of the proposed approximations, Fig. 6 
(left) plots the capture discriminant function against 
damping α : the dot-dashed line is the numerical 
integration, the dashed one is the solution deter- mined 
through the first intersection of the angular acceleration 
with the zero axis, while the solid line is the empirical 
expression shown in eq.(23). It is evident that, for given 
values of the external torque, the capture regions strongly 
depend on damping. The right side of Fig. 6 shows the 
comparison with the results obtained in eq. (12) through the 
linearization of the translational equation: it appears that 
also for low damping, the torque required to pass through 
the resonance frequency is finite, while the value predicted 
in eq. (12) tends to infinite. Hence, the proposed 
approximate analysis leads to the empirical solution (eq. 
23) that represents an effective approach to describe the 
transition of the dynamical behaviour: in fact, if a sign 
change in (eq. 23) occurs, then the system is captured in 
resonance. 

5  CONCLUSIONS 

The nonlinear dynamical behaviour of a two d.o.f. rotor is 
investigated with approximate techniques; in particular, the 
bifurcation phenomenon known as “resonance capture” is 
modelled to permit an estimation of the dynamic behaviour 
of the system, without using the differential formulation 
proposed in the literature. 
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Figure 6  Capture / no-capture discriminant function (left) and comparison with the “limit” value M 0 (right). 

 
Through almost-stationary techniques, it can be stated that 
the capture condition shows the following characteristics: 
• it can take place only close to the system translational 

resonance and strongly depends on the viscous 
damping, which balances the energy introduced in the 
system by the external torque; 

• when damping is small, the capture condition occurs for 
external torques much smaller than the “limit” value 
determined with an almost-stationary approach, while 
for large values of the damping the two conditions are 
nearly coincident. This behaviour can be explained 
considering the duration of the system transient and 
consequently depends on the initial conditions. 

The substantial objective has been reached with the 
definition of a criterion that allows foreseeing the capture 
condition depending on external torque and system 
damping, without having to perform the numerical 
integration of the nonlinear differential equations. Hence 
this approach may represent a useful tool in the engineering 
design of rotors. 
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MYRTLE BERRIES (Myrtus communis L.) 
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ABSTRACT 

The growing demand for myrtle berries for use in the production of liqueurs is at 
present being met through direct harvesting from spontaneous plants. The difficulty 
of harvesting berries from plants that differ greatly in shape and size requires a large 
expenditure of labour which leads to high production costs. However, besides the 
need to increase the availability of berries, in order to reduce costs it is necessary to 
use proper harvesting systems that are respectful of plants and fruit, but which are 
most of all capable of facilitating harvesting. The present study compares the results 
of different harvesting tests on low-, medium- and high-growing plants with a 
combing machine powered by a generator and a portable battery.  

Keywords: harvest, combing machine, collecting systems, myrtle berries. 
 
 

1  INTRODUCTION  

Several species of small fruits are important commercially. 
Myrtle (Myrtus Communis L.) is a typical representattive of 
the Mediterranean flora which spontaneously develops in 
Italy, Spain, France, Tunisia, Algeria and Morocco. In Italy 
is present in almost all the coastal zones and principally in 
islands 1; 2. In the folk medicine leaf and fruit, are used 
for oral, internal and external diseases 3 4. The myrtle 
fruit is a berry, to spherical or ellipsoidal form and its 
colour can range from the dark red to the purple and to the 
white. The fruits are used especially in Sardinia in the 
preparation of a well-known liqueur (red myrtle) obtained 
by cold water and alcohol infusion of the berries. In the last 
few decades the production of this liqueur has increased by 
about 6%, from 170,000 to 180,000 litres per year. The 
harvesting of berries from spontaneous plants is performed 
exclusively by hand using small combs with bags 
underneath to catch the berries 5. In harvesting by hand, 
from two to three persons per plant are required for a total 
from two to three and a half hours of work with a yield of 
100% from the single plants 6; 7. An adult hand picking 
into a bag may harvest only from 2,5 kg/h to 4 kg/h of 
berries 8. 
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Thus we have a high labour cost that represents over 70% 
of the entire cost of the production cycle with low working 
capacity and excessive damaging of the raw material. To 
increase harvesting efficiency, the most prolific branches 
are cut off and taken to where hand picking of the berries is 
facilitated. If this work were performed by skilled 
personnel, the consequences would not be serious, but 
unfortunately this is most often not the case and thus there 
is the risk of damaging plants and reducing future 
production. Only recently has the economic importance of 
myrtle been understood and this has stimulated 
entrepreneurs to adopt the rational production of myrtle 
berries through cultivation of the plant; this has seen a 
noteworthy increase, going from 101 to 476 hectares in the 
last few years. This positions Sardinia as the leading region 
in the cultivation of myrtle. This has led to considering the 
opportunity of cultivating the plant using traditional 
farming operations (pruning, lopping, fertilization and 
irrigation) and calling for the mechanical harvesting of the 
berries to increase yields and consequently also the 
working capacity of those employed in harvesting. From 
this standpoint, the mechanization of myrtle berry 
harvesting by electrical rotating comb has become a 
primary objective in reducing production costs, increasing 
the harvest of product collected for hour and for worker 
and at the end for increasing profits.  The aim of the work 
is to evaluate the harvest times and the work capacities in 
worksites harvested with battery-powered combing 
machine with nets on the ground below the canopy (Sella 
& Mosca and Pozzo D’ussi) and worksite harvested with 
generator-powered combing machine with espalier nets 
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(Castelsardo) on plants with different height (high, medium 
and low) and so as to optimize performance and guarantee 
a high quantitative and qualitative level of the final 
product. 

 
Table I - Varieties and production per plant of the myrtle 

bushes cultivated at Sella & Mosca, Pozzo d’Ussi and 
Castelsardo. 

Site Variety 

Cultivation 

production 

(kg/plant) 

plant 

(density/
ha) 

height 
plant 

(m) 

Sella 
& 

Mosca 

RUM 
14 

0.95 4000 2.4 

Pozzo 
d’Ussi 

RUM 4 0.83 4166 1.6 
CPT 5 0.69 4166 1.5 

Castel-
sardo 

ISILI 
0.84(a) – 
1.29(b) 

5000 0.9 

CPT 3 0.51 5000 1.2 

SBD 0.40 5000 1.1  
 
(a) referring to production per plant obtained from 
harvesting with the type b technique 
(b) referring to production per plant obtained from 
harvesting with the type c technique 

2  MATERIALS AND METHODS 

2.1  TEST SITES  
Tests were performed at three sites, two in the Nurra region 
of Sassari and Porto Torres and one at Castelsardo. The 
first site, on lands belonging to the Sella & Mosca 
Company, is a myrtle field including a total of twelve 
varieties on an overall area of approximately one hectare, 
with height plants (2,5 m) and eight years old, spaced 2.5 
by 1 metre, trained in bowl form and drip irrigated. The 
second site, called “Pozzo d’ Ussi ” contains 17 varieties, 
with plants of medium height (1.6-1,5 m), of four years old 
and trained to bowl shape, spaced 2 by 1.2 metres. Finally, 
the third site was in the municipality of Castelsardo, 
contains 7 varieties with plants of low height and of two 
and four years trained to bowl shape and spaced 2 by 1 
metres. The varieties submitted to the harvesting test (Table 
I) were six overall, of which one at Sella & Mosca (RUM 
14), two at “ Pozzo d’Ussi ” (RUM 4 and CPT 5) and three 
at Castelsardo (Isili, CPT 3 and SBD). Production per plant 
varied from site to site: with RUM 14 at Sella & Mosca, 
production was 0.95 kg/plant; with RUM 4 and CPT 5 at 
“Pozzo d’Ussi” 0.83 kg/plant and 0.69 kg/plant, with plants 
harvested with two the techniques a) and d): battery-
powered combing machine with nets on the ground below 

the canopy (Figure 1 and 4). At Castelsardo all the plant 
have a low high, with ISILI there was a production of 0.84 
kg/plant and 1.29 kg/plant, referring to plants harvested 
with one different techniques: b) and c): generator-powered 
combing machine with espalier nets (Figure 2 and 3); with 
CPT 3 and SBD, there was a yield of 0.51 kg/plant and 
0.40 kg/plant.  

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

Figure 2  Type b) worksite with battery-powered 
combing machine and espalier nets.

Figure 1  Type a) worksite with battery-powered 
combing machine and nets on ground under the 

canopy. 
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3  MACHINERY EMPLOYED 

The machine employed is a combing machine produced by 
the COIMA Company, model 105 C “Olivella Mini”, 
weighing 1.2 kg; it has a rigid telescopic shaft with a length 
of 70 cm that can be extended from 1.60 to 2.90 cm for 
work on plants of large dimension, and an ergonomic grip 
that can be turned through 180°. At one end is the working 
head composed of a 12-volt electric motor with an on/off 
switch and a comb with a working width of 17.5 cm on 
which are mounted eleven undulating, counter-rotating 
titanium teeth, each some ten cm in length and covered 
with a silicon sheath up to 9 mm in diameter to allow a 
useful distance of 6.5 mm. Powering of the combing 
machine is supplied by a 1 kW generator placed in the open 
field or by a backpack battery having an overall weight of 5 
kg. For the worksites 1 and 2 the electrical comb was 
connected with a prolongs to 25 meter maximum length to 
the generator. The worker could freely proceeding to the 

collection for a length to spin equal to the length of the 
extension and the end had to go back to the field head move 
the generator and begin the harvest again. All that created a 
slowing down harvest work and increase some partial times 
of work, to move among the plants and free the extension 
which was getting entangled in the shrubs, and later the 
total work time.  In the other two worksites instead, 
operators were gifted with a battery taken to life by a 
special sling. All that was allowing the workers to move 
more nimbly between the myrtle plants without having to 
go back to the field head to move the electrical generator or 
move among the plants to disentangle the extension thread. 
The work capacity of the individual workers was calculated 
as: Work capacity per worker (kg/h) = Operational 
Capacity (OC)/number of worker; where OC (operational 
capacity of the single worker) was calculated as a function 
of OT (Operational Time) and AT (Additional Time). OT 
is the working time of the worker and was calculated as the 
sum of the effective time (ET) and the additional time 
(AT). 

 
3.1  WORK AREAS 
The work cycle was performed normally in four stages: 
placing of the product collector a net placed underneath the 
canopy or an espalier net, detachment of the berries, rolling 
up of the net under the canopy and discharging of the 
berries into 25-kg plastic crates. Tests were performed by 
harvesting the berries from plants having different heights: 
low <1 m (ISILI), medium <1.6 m (CPT 3, CPT 5, RUM 4 
and SBD), high >1.6 m (RUM 14) and comparing the 
results obtained at four different worksites:  
a) battery-powered combing machine with nets on the 

ground below the canopy (Figure 1); 
b) battery-powered combing machine with espalier nets 

(Figure 2); 
c) generator-powered combing machine with espalier nets 

(Figure 3); 
d) generator-powered combing machine with nets on the 

ground below the canopy (Figure 4). 
The nets below the canopy were laid on both sides of the 
row over a distance of 10 metres, while with the espalier 
nets the length was 1.5 metres. One worker harvested the 
berries from the single branches by “combing” with the 
machine and allowing the berries to fall into the net. Then, 
together with another worker, the berries were placed in the 
crates. 

4  RESULTS AND DISCUSSION  

4.1  WORKING TIMES 
Analysis of working times obtained (Table II) shows 
the noteworthy variability found at the different 
experimental worksites which resulted in a marked 
difference in working times on the single plants. These 
were particularly influenced by accessory times and 
especially by the time spent handling the nets. In fact, at 
the sites with nets on the ground underneath the canopy, 

Figure 3  Type c) worksite with generator-
powered combing machine and espalier nets. 

Figure 4  Type d) worksite with generator-
powered combing machine and nets on ground 

below the canopy. 
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the time consumed in handling them strongly influenced 
operating times; with reference to the single plants, 
times varied from a minimum of 2.4 minutes to a 
maximum of 11.3 minutes in the different worksites and 
for plants of different heights. Analyzing in detail the 
times per plant, the lowest values, from 2.4 to 4.3 
minutes, were obtained at the sites where the espalier 
nets were used while with nets on the ground times 
were from 7.9 to 11.3 minutes per plant.  
 

Table II - Total and per plant working times obtained at 
the different worksites 

 

Variety 
 

W
or

k 
si

te
 

Productio
n 
 
 

(kg/ha) 
 

Work site  Work capacity 
Labour productivity per wo

 

Referring to ET 
 

Referring to OT 
 

Referring to ET
 

Referring

plants 
(n/h) 

 

product 
(kg/h) 

 

plants 
(n/h) 

 

product 
(kg/h) 

 

plants 
(n/h) 

 

product 
(kg/h) 

 

plants 
(n/h) 

 
RUM 4 

 
a 
 

3457.8 32.6 27.0 7.5 8.0 16.3 13.5 3.8 

CPT 5 
 

a 
 

2875.5 29.6 20.4 7.6 12.5 14.8 10.2 3.8 

ISILI 
 

b 
 

6450.0 20.6 26.6 14.1 18.2 10.3 13.3 7.1 

SDB 
 

b 
 

2000.0 42.3 16.9 24.6 9.8 21.2 8.5 12.3 

ISILI 
 

c) 
 

4200.0 23.0 19.3 16.9 14.2 11.5 9.7 8.5 

CPT 3 
 

c) 
 

2200.0 54.1 23.8 25.1 11.0 27.1 11.9 12.6 

RUM 14 
 

d 3800.0 11.5 11.0 5.3 5.0 5.8 5.5 2.7 

 

This was true even with plants below the height of 1.6 
metres and did not vary with the type of power supply used 
(generator or battery). In particular, at the worksite with the 
battery-powered combing machine operating on medium-
sized plants with nets on the ground underneath the canopy, 
the times were 8.0 and 7.9 minutes respectively for plants 
of the RUM 4 and CPT 5 varieties with the same kind of 
worksite, but on plants 2.4 metres high (RUM 14) the time 
was the longest, with 11.3 minutes per plant. However, in 
the two work sites with espalier nets on plants of the low-
growing ISILI variety, the time per plant was 3.5 and 4.3 
minutes; in the SBD and CPT 3 varieties of medium height 
the time was about 2.4 minutes. In reality, it was the 
handling of the nets that conditioned the work of personnel, 
with an incidence of 78% with nets on the ground 
underneath the canopy while with espalier nets the 
percentage was below 62%. Consequently, operating 
efficiency was greater at worksites where operating times 
were shorter: b) and c) ISILI with 68.2% and 73.7%, 
despite the presence of the power generator which with its 
power cable hindered workers; the lowest was 22.9% in 
work site a) with the RUM 4 variety. In conclusion, 
operating times were extremely variable, from minimum 
values of 155.5 h/ha at worksite c), CPT 3, to maximum 
values of 755.4 h/ha at worksite d), RUM 14. 
 
4.2  WORK CAPACITY  
Work capacity was directly related to working times and 
production per plant and marginally to plant spacing, that 
is, plantation density. The values obtained refer to effective 
time (TE) and operating time (TO) in order to evaluate the 

influence of accessory times (TA) on worksite capacity and 
consequently on labour productivity. On observing the 
results (Table III), we can clearly see the difference in 
capacity of the worksites in which we find the highest and 
lowest plants; those with nets underneath the canopy and 
the espalier nets and those with the highest and lowest 
production. 
In reality, at work site c), with the CPT 3 variety, work 
capacity reached 54.1 plants per hectare with reference to 
TE and only 25.1 plants per hectare with reference to TO. 
At worksite d), with the RUM 14 variety, the 
aforementioned values were reduced to 11.5 and 5.5 plants 
per hectare. In this case, the large difference (-46%) is to be 
attributed substantially to plant height, which in RUM 14 
was over two metres (2.4 m), while with CPT 3 the average 
height was 1.2 metres. If we then consider mean production 
per plant, this is decidedly favourable to the ISILI variety, 
0.84 kg/plant and 1.29 kg/plant compared to 0.40 kg/plant 
with SBD, which presents a marked difference in the 
capacity values: 14.2 kg/h with ISILI and 9.8 kg/h with 
SBD, despite being in the same harvesting site. As concerns 
the system of berry collecting, the use of espalier nets 
afforded the best results owing to the ease with which they 
could be moved and repositioned under the plants 
compared to nets on the ground underneath the canopy. The 
differences are highly significant in TA, with increases in 
capacity above 60% on the average. 

 
Table III - Work capacity and labour productivity relating 

to tests performed at worksites a), b), c), d) 

 
 

a) battery-powered combing machine with nets on the 
ground below the canopy; b) battery-powered combing 
machine with espalier nets; c) 1kW generator-powered 
combing machine with espalier nets; d) 1kW generator-
powered combing machine with nets on the ground under 
the canopy. * two workers per worksite  
 
Although the values of labour productivity show the same 
trend as those for worksite capacity, show values that are 
certainly more interesting, especially with espalier nets. In 
fact, at worksites a) and d), productivity referring to TE 
was 16 plants per hectare against the 3.8 plants per hectare 
referring to TO; comparing them to production we have 
13.5 kg/man-hour and 4.0 kg/man-hour, even in this case 
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the reduction was substantial considering the product 
harvested (-77%) and the number of plants (-70%). At 
worksites b) and c) the values obtained were noteworthy, 
going from 4.9 kg/man-hour to 9.1 kg/man-hour which, 
referring to the number of plants, went from 13.3 to 7.1 
plants/h. 
The average harvested yield reached 100% with medium- 
and small-sized plants while it was slightly above 95% at 
worksite d) where, for large plants, a telescopic shaft was 
added to the combing machine and this made harvesting 
more difficult. 
Generally speaking, the weight of berries and the force 
needed to detach them played a significant role since the 
combing action, although to a limited extent, is essentially 
based on the resistance of the pedicel. In fact, the force 
required to detach the berry is dependent on its size and 
weight. The analyses performed in the course of specific 
tests have shown that on harvesting dates subsequent to the 
tests illustrated herein there was a reduction in detachment 
force as a function of weight class, with reductions more 
marked in the weight classes below 0.30g (-64%) and to a 
lesser extent in those of greater weight (-53%). 

5  CONCLUSIONS 

Considering the results obtained, it appears evident that 
the use of the combing machine for the harvesting of 
myrtle berries from plants is certainly possible. Obviously, 
the best results are connected with specific plant 
agronomic and structural factors, high plant production, 
height of plants not above 150 cm, a good size of berries 
and low detachment force values are certainly at the basis 
of obtaining satisfactory work capacity. It is not by chance 
that the highest work capacity was reached at the site with 
the highest production (6450 kg/ha). To these aspects must 
be added consideration for planning with the utmost 
attention the composition of the work sites which, as has 
been underscored several times also in the course of this 
work, significantly condition the performance of 
harvesters. The generator- or battery-powered combing 
machine had little effect on workers’ productivity, while 
the kind of collector, espalier nets and not ground nets, led 
to high work capacity and similarly excellent labour 
productivity owing to the easier handling of the nets. In 
reality, it was the incidence of accessory times that 
strongly conditioned the final result and the difference in 
the values obtained induce us to experiment in further 
detail to define a more efficient system of collection. 
Finally, the introduction of the combing machine certainly 
assumes an important meaning in economic terms since it 
enhances the market possibilities of the product, but most 
of all represents an important aspect in the safeguarding of 
the environment in general and of myrtle in particular by 
subtracting it from insistent anthropic pressure for its 
economic exploitation. 
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ABSTRACT 
 

This paper has reported results of an investigation on main possible sources of unbalance in 
design and manufacturing process of pneumatic tyres. Main characteristics of a tyre, its 
components, and assembly operations are analyzed by referring to a production line at 
Marangoni Tyre plant in Anagni, Italy. Numerical models are proposed and implemented for 
identifying and quantifying the contribution of main sources of unbalance within an overall 
unbalance of built tyres. A procedure is also proposed for an experimental validation of the 
proposed numerical models. Experimental tests have been reported to validate both the proposed 
procedure and results of the numerical models. 

 
Keywords: Tyres, Balance Errors Analysis, Numerical models, Experimental tests. 

 
 

1  INTRODUCTION 

The wheels of all modern vehicles are equipped with 
pneumatic tyres. Tyres support the vehicle and transmit 
power by contact among wells and ground, [4]. Main 
characteristics for tyres are comfort running, keeping road, 
robustness, duration, and transmission of the generated 
forces to the ground, [8]. 
Today production technology and manufacturing process of 
tyres are characterized by a high level of standardization. 
The tubeless technology, that was introduced by Goodridge 
in 1947, permits to travel more in case of drilling failures. 
In addiction, the radial ply, that was introduced by Michelin 
in 1948, gives to a tyre a differentiated rigidity to the tread 
and to the sidewall that permits to have an optimized 
imprint on the ground, [3]. All modern tyres are tubeless 
and include radial ply manufacturing technology. The types 
of rubber that are used and the design of the tread are the 
main characteristics that differ tyres of different producers. 
Tyre balance is strictly related to the equilibrium of a 
wheel. Unbalanced wheels give ride disturbance to the 
vehicle and can generate irregular wear of mechanical 
components. Counterbalance masses are used for balancing 
of the wheels. Thus, a high quality standard in the 
production of the tyres requires minimum balancing errors. 
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It permits to have maximum performance in term of 
dynamic behavior, especially at high speeds. Since 
07/01/2006, the European Directive 2000/53/CE prescribes 
illegal the marketing and the application of counterbalance 
masses made of lead in vehicles in order to limit the use of 
harmful materials, [6]. Alternative materials are zinc, steel 
or tin, which show smaller density and a minor specific 
mass. Thus, a balance mass will have larger volume when 
made of these materials. 
Thus, it is fundamental importance to identify and to model 
unbalance sources in order to understand and to conceive 
solutions for correcting or preventing large balance errors. 

2  PNEUMATIC TYRES AND THEIR PRODUCTION 
    PROCESS 

Tyres are composed of several elements as shown in the 
scheme of Fig. 1. The main components are [5]: the tread, 
the body ply, the belts, the bead, and the liner tread. 
The tread consists of special rubber, which has the purpose 
to transmit forces between tyre body and ground. It also 
ensures wear resistance, cut resistance, heat resistance, low 
rolling resistance, or any combination of these [5]. 
The body ply of a radial tyre is made of a single layer of 
textile wire that runs from bead to bead orthogonally to the 
direction of motion (hence the term "radial plies"). The 
body ply transmits the forces from the belts to the bead and 
eventually to the rim, and it restricts the air pressure, which 
ultimately carries the load. 
Belts are layers of steel cord wires that are located between 
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the tread and the body ply. The steel wire of the belts runs 
diagonally to the direction of motion. Belts increase the 
rigidity of the tread, which increases the cut resistance of 
tyre. They also transmit the torque to the radial ply and 
restrict tyre growth, which prevents cutting, cut growth and 
cracking [5]. 
The bead of a cross-ply tyre consists of bundles of bronze 
coated steel wire strands, which are covered with rubber. 
The bead is considered the foundation of the tyre. It anchors 
the bead on the rim. 
The liner tread consists of special mixture, which gives the 
property of impermeability to air and water in a tyre. 
Tyres are built in standard dimensions to allow the correct 
coupling with rims. These are marked on the side of the 
tyre together with commercial and technical informations, 
as shown in the scheme of Fig. 2, [2].  
 

 
Figure 1  Scheme of main components of a tyre  

with radial structure [3]. 
 

 
Figure 2  Main characteristics as stamped  

on the side of a tyre [3]. 
 
Commercial informations are the model of a tyre, the brand 
and the logo. In addition, main technical informations are 

dimensional and constructive characteristics, the maximum 
load and velocity, [8]. Dimensional characteristics are the 
width of the section of the tyre (in millimeters), the shape 
ratio given by the height of the section divided by the width 
and multiplied for a hundred, and finally the diameter of the 
rim (in inches). A constructive characteristic is the angle of 
the cords with respect to the direction of motion. Modern 
tyres are made of radial structures, with tube or tubeless 
solution, [8]. 
The process of production of a tyre can be summarized in 
the following steps [7]: the mixing, the calendering, the 
tread and sidewall extrusion, the bead construction, the tyre 
assembling, the curing, the trimming, and the inspection. 
During the mixing production process several grades of 
natural and synthetic rubbers are combined in a closed 
mixer (the banbury, shown in Fig. 3 (a)). Then they are 
mixed with black carbon and a cocktail of other chemical 
products that enhance the characteristics of the rubbers. In 
order to obtain good uniformity in terms of composition 
and density, rubber is twisted and lengthened in an open 
mixer that is composed by big rollers as shown in Fig. 3 
(b). 

 

 
(a) 

 

 
(b) 

 
Figure 3  Mixers at Marangoni Tyre plant in Anagni:  

(a) closed mixer; (b) open mixer  
(courtesy of Marangoni Tyre S.p.A). 
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(a) 

 

 
(b) 

 
Figure 4  Manufacturing machines at Marangoni  

Tyre Plant in Anagni: (a) tread extruder;  
(b) building tyre machine with two-stage process  

(courtesy of Marangoni Tyre S.p.A). 
 

In calendering process a textile wire or steel cord is woven 
to create a complex textile support that is later coated with a 
film of rubber on both sides. Calendered textiles such as 
rayon, nylon and polyester are used for the body ply. Steel 
cords are used for belts, [7]. 
The tread and sidewalls are produced by forming two (or 
more) different and specifically designed compounds by 
feeding the rubber through an extruder. Extruders produce 
continuous beams of tread rubber, or sidewall rubber as 
shown in Fig. 4 (a). 
In the bead construction process the bead core is 
constructed by coating bronze high tensile strength steel 
wire, which is wound on a bead former by a given number 
of turns to provide a specific diameter and strength for a 
particular tyre. 
Tyre assembling is traditionally a two step process as 
shown in Fig. 4 (b). In the first step, the liner, body plies 
and sidewalls are placed on a building drum. Then beads 
are positioned, ply edges are turned around the bead core 

and sidewalls are simultaneously installed into position. In 
the second tyre building step, the tyre is shaped by a 
mechanic drum. Then two belts and the tread layer are 
added. At the end of this step, the tyre is named as a "green 
tyre". The "green tyre" has no tread pattern and no markers. 
It is simply a bare rubber casing.  
During the vulcanization process the green tyre is placed in 
a mould inside a vulcanization press and is vulcanized for a 
specific duration of time at a specific pressure and 
temperature, as shown in Fig. 5 (a). Each curing press is 
equipped with an interchangeable set of moulds, but it will 
press only one tyre of one size and pattern at a time. The 
finished tyre is then ejected from the mould.  
In trimming and inspection processes, operators remove the 
excessive rubber from the cured tyre and inspect the quality 
of the tyre. During the inspection process the tyre is 
inspected for uniformity with appropriate machines as 
shown in Fig. 5 (b) and finally it goes to the dispatch 
warehouse. 
 

 
(a) 

 

 
(b) 

 
Figure 5  Manufacturing machines at Marangoni Tyre Plant 

in Anagni: (a) Curing press ; (b) a measure station  
(courtesy of Marangoni Tyre S.p.A). 
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3  THE BALANCE PROBLEM IN PNEUMATIC TYRE 

A correct balancing of wheels permits to preserve shock 
absorbers, bearings and steering component of wheels as 
well as to obtain a regular wear of tyre and at the driving 
comfort as pointed out in [8]. 
The unbalance of wheels is given by radial force (FZ), 
lateral force (FZ), tangential force (FY), camber moment 
(MX), steering moment (MZ) and rolling resistance moment 
(MY), as shown in Fig. 6. These disturbances are directly 
proportional to the velocity of the wheel [1]. Tyre 
unbalance is given by no symmetrical distributions of 
weight [8]. The unbalance state of a tyre is known as 
dynamic unbalance, and it is given as the sum of static and 
couple unbalance of a tyre [1]. 
 

 
Figure 6  Actions generated during the rolling  

of an unbalance wheel. 
 

The static balance condition is verified when the sum of 
static moments is zero [8]. This case can be expressed for 
each mass i as  
 
∑iMsi=Fsib=migb=0 (1) 
 
where Ms is the static moment given by the product of a 
static force Fs by the distance b to the centre of the tyre (b), 
as shown in Fig 7(a). Fs is given by the product of an 
unbalance weight m for the gravity acceleration g, and i is 
the number of unbalanced weights in the tyre. 
Static unbalance can be modeled with a lumped mass in the 
equatorial plane. This causes a vertical oscillation of the 
wheel, and therefore a bouncing sensation can be 
experienced by a passenger, as shown in Fig. 7, [8]. 
In a tyre with a couple unbalance, the sum of inertial 
centrifugal forces is zero, but the sum of inertial moment 
that is generated by them is not zero, as shown in Fig. 8 (a). 
Inertial centrifugal forces are balanced when    
 
∑iFci=miω

2ri=0 (2) 
 
where Fc is the centrifugal force that is generated by the 
rotation of a mass m about the rotation axis, with distance r 
to it and at velocity ω, and i is the number of unbalanced 

weights present in the tyre. 
 

 
(a) 

 
(b) (c) 

Figure 7  A scheme of a static unbalanced tyre:  
(a) meridian view; (b) radial view;  

(c) bouncing oscillation during a motion [8]. 
 
Inertial centrifugal moment is given by the sum of couples 
that are generated by the centrifugal forces when 
 
∑iMci=Fcia≠0 (3) 
 
where Mc is the centrifugal inertial moment given by the 
product of a centrifugal force (Fc) with the distance from 
the equatorial plane of a tyre. 

 

 
Figure 8  A scheme of: (a) couple unbalanced tyre;  

(b) oscillation during a motion [8]. 
 

 
(a)                        (b) 
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Couple unbalance can be simulated by two lumped masses 
that are placed in opposite planes in opposing directions. 
This gives a transversal oscillation during the motion that 
causes a wobbling sensation for the passenger, as shown in 
Fig. 8 (b), [8]. 
The combination of static and couple unbalances gives a 
dynamic unbalance. In this case, the sums of static 
moments, inertial forces and inertial moments are not zero. 
Dynamic unbalance can be modeled with a lumped mass 
that is located away from rotation axis and equatorial plane, 
as shown in Fig. 9 (a). This mass causes vertical and 
transversal oscillations of the wheel. The passenger has 
sensations of bouncing and wobbling as shown in Fig. 9 
(b), [8]. 
A wheel is balanced if it is in dynamic equilibrium. In fact, 
dynamic balancing is also a guarantee for static balancing. 
Balancing permits to reduce vibrations of the wheel and 
therefore it limits ride disturbance and damages of 
mechanical components. It can be obtained by means of at 
least two masses, as counterbalance masses, at suitable 
locations, [8]. 
A pneumatic tyre can be modeled by means of two coaxial 
and parallel disks. Static and couple unbalance can be 
modeled by means of two masses that are located on the 
disks, as shown in Fig. 10. In static unbalance the masses 
are placed symmetrically with respect to an equatorial 
plane. In addiction, they are located anti-symmetrically in 
the case of couple unbalance [1]. 
Dynamic unbalance is obtained when suitable masses are 
installed in the disks for static and couple unbalancing. This 
can be modeled with four masses that are placed in the 
disks. Two are located symmetrically and other two anti-
symmetrically. Balancing is obtained by placing at least a 
counterbalance in each disk as shown in Fig. 11, [1]. 

 
Figure 9  A scheme of: (a) dynamic unbalanced tyre;  

(b) oscillation during the motion [8]. 
 

Tyre can be analyzed like a rotor. A rotor has three 
principal axes of inertia, and it can turn around them in 
condition of dynamic equilibrium, when  
 
∑iFci=0 e ∑iMci=0 (4) 
 

Thus, unbalance can be checked when rotation axis does 
not coincide with one of inertial axis [8]. 
In static unbalance condition the centre of mass and the axis 
of inertia are translated with respect to the axis of rotation 
of a tyre, as shown in Fig. 12 (a). In couple unbalance 
condition the centre of mass is on the axis of rotation but 
the axis of inertia is tilted with respect to it, as shown in 
Fig. 12 (b). In dynamic unbalance condition the centre of 
mass is shifted along the axis of rotation and away from 
equatorial plane; the axis of inertia is shifted and tilted with 
respect the rotation axis, as shown in Fig. 12 (c). Balancing 
makes coincident the axes of inertia and rotation, and place 
the center of mass in the center of a tyre, as shown in Fig. 
12 (d), [8]. 

 
 
 

 
(a) 

 

 
(b) 

 
Figure 10  Model for unbalance of a tyre:  

(a) static case; (b) couple case [1]. 
 

4  SOURCES OF UNBALANCE 

An analysis of composition and manufacturing of tyre 
production can be useful to identify unbalance sources. 
In particular, the following unbalance sources can be 
identified: 

(a)                     (b) 
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- Radial dissymmetry of weight of one or more layers; 
- Axial dissymmetry of weight of one or more layers; 
- Disuniformity of density of one of more layers; 
- Inhomogeneity of elastic strain in dynamic behavior. 
 

 
 

Figure 11  A model with masses for balancing a tyre [1]. 
 

 
(a) (b) 

 

 
(c)   (d) 

Figure 12  Position of the center of mass and inertial axis 
with respect to a rotation axis in condition of: (a) static 

unbalance; (b) couple unbalance; (c) dynamic unbalance; 
(d) balanced tyre [8]. 

 
Radial dissymmetry can be given by a discontinuity due to 
a junction of a layer, which is usually obtained with an 
overlap of edges. A local thickening given by production 

process and an erroneous placement of layers can also 
cause a radial dissymmetry. However major causes can be 
considered an overlap of edges and an erroneous 
deposition. 
Axial dissymmetry is mainly given by a layer that is not 
centered in the equatorial plane of a tyre. The overlap of 
edges, discontinuity defect, and an erroneous deposition can 
cause an axial dissymmetry. 
Density disuniformity can give dissymmetry in mass 
distribution and can be caused by an irregular distribution 
of material or by chemical structure variation in one or 
more layers. 
Uncontrolled tensioning of a layer deposition can causes 
localized laps, crests, or strictions in a deposited layer. 
Inhomogeneity of elastic strain can produce a different 
axial and radial behavior of one or more layers of material 
during dynamic operation. Inhomogeneity can be produced 
or amplified also by dissymmetrical distribution of masses. 
A different cooling of tyre components can give distortions 
and consequently residual states of stress. 
A single layer can influence the final state of unbalance of a 
tyre, especially if it has weight, thickness, and axis distance 
larger than in other layers. 
An analysis of a product and its manufacturing process 
permits to identify major causes for an unbalance of a tyre 
as in the following situations:  
- Not centered position of a layer; 
- Overlap of edges in a junction; 
- Design of the tread; 
- Erroneous location of beads; 
- Geometry errors of molds; 
- Distortion as given by differentiated cooling of the tyre; 
- Distortion and/or dissymmetry of elements in a section 

of a tyre; 
- Radial deposition error of a belt; 
- Incorrect tensioning during deposition of belts; 
- Ovality of beads; 
- Inhomogeneity of material in terms of density, 

thickness, and molecular structure. 
The above-mentioned unbalance sources can be significant 
and a suitable modeling and analysis can be useful to 
characterize tyre unbalance and to propose solution for it. 

5  MODELS FOR NUMERICAL EVALUATIONS  

Unbalance can be modeled with geometrical schemes by 
using lumped parameters as in Fig. 13. Schemes are 
reported to analyze situations which can accentuate or 
reduce final balance errors of tyres. In Figs. 14 to 21 main 
causes of unbalance are illustrated by emphasizing 
parameters that can be useful for theoretical and 
experimental characterization. In Fig. 13 is reported a 
scheme of an unbalance mass in a tyre. 
Referring to Fig. 14, the overlap of edges in a junction 
gives an unbalance that can be expressed analytically as an 
unbalancing mass ΔmL, given by 
 
ΔmL = ρ h L [tL + 0,5 (sL - tL )] (5) 
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where ρ is the density of the material of layer; h represents 
the thickness; L, sL and tL are the dimensions that are shown 
in Fig. 14. 
The radial and axial coordinates a and b, shown in Fig. 13, 
identify the position of the lumped mass. In case of overlap 
of edges they are indicated as aL and bL and are given from 
the geometry by following expressions 
 
aL = r + 0,5 h (6) 
 
bL = dL + [0,5 h (L tL) + 0,33 L (L 0,5(sL-tL))] h ρ /ΔmL, 

(7) 
 
where r is the radial distance from the centre of a tyre in a 
layer. In Fig. 14 is reported a scheme of an overlap of edges 
in a junction. 
Referring to Fig. 15, the junction error gives an unbalance 
that can be expressed analytically as an unbalancing mass 
ΔmG. When sG < 0 there is an overlap of edges in the 
junction and ΔmG is given by 
 
ΔmG = ρc hc L [tG + 0,5 (sG – tG )] (8) 

 

 
Figure 13  A scheme and coordinates of a lumped mass 

representing an unbalance mass in a tyre. 
 

 
Figure 14  A scheme and parameters of overlap of edges in 

a junction (sL: length of overlap; tL: minimum length of 
overlap; dL: shift of edges; αL: angular deviation of head; L: 

width of a layer; h: thickness of a layer). 
 

When sG > 0 there is a distance of edges and ΔmG is given 
by  
 
ΔmG = ρc hc L sG (with negative value) (9) 
 
where ρc is the density of the layer using textile of steel 
cords; hc represents the thickness; sG e tG are the maximum 
and the minimum overlap, like in the case of Fig. 14. In 
Fig. 15 is reported a scheme of confectioning junction of a 
belt with steel. 

When sG < 0 coordinates aG and bG that identify position of 
the error are given from the geometry by following 
expressions 
 
aG = r + 0,5 hc (10) 
 
bG = dG + [0,5 L (L tG) + 0,33 L (L 0,5(sG-tG))] hc ρ /ΔmG.  

(11) 
 
When sG > 0 they are given by 
 
aG = r + 0,5 hc (12) 
 
bG = dG + 0,5 L (13) 
 
where r is the radial distance from the centre of a tyre and 
dG is shift of edges. Referring to the scheme shown in 
Fig.15, pf and pG represent the step of steel cords and the 
distance of steel cords in the junction.  
Referring to Fig. 16, a local defect gives an unbalance that 
can be expressed analytically as an unbalancing mass Δmd, 
given by  
 
Δmd = ρ h Ld sd (14) 
 
where ρ is the density of the layer; h represents the 
thickness; sd is the size of the defect and Ld is the axial 
dimension of the defect. In Fig. 16 is reported a scheme of a 
defect in a layer of a tyre. 
The coordinates ab and bb that identify position of the error 
are given from the geometry by following expressions  
 
ad = r + 0,5 h (15) 
 
bd = dd + 0,5 Ld (16) 
 
where r is the radial distance to the centre of the tyre; dd is 
the shift of the defect. 
Referring to the Fig. 17, the tensioning error gives an 
unbalance that can be expressed analytically as an 
unbalancing mass Δmt. When there is a striction for 
excessive tensioning it is given (with negative value) by 
 
Δmts = ρ L ht st (17) 
 

 
 

Figure 15  A scheme and parameters of confectioning 
junction of belt with steel assembly (sG: distance or overlap 

width of a junction; dG: shift of edges; pf: step of steel 
cords; pG: distance of steel cords in junction). 
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Figure 16  A scheme and parameters of a defect in a layer 
of a tyre (sd: size; Ld: axial dimension; dd: defect shift). 

 
When there is an expansion for low tensioning it is given by 
 
Δmtc = ρ L ht ct (18) 
 
where ρ is the density of the defective belt; h represents the 
thickness of the belt; st or ct are the striction or the 
expansion in radial and/or axial directions; and ht is the 
length of the deformed zone of the belt. In Fig. 17 is 
reported a scheme of tensioning error of a layer. 
When there is a striction for excessive tensioning 
coordinates ats and bts, that identify position of the error, 
are given by following expressions 
 
ats = r + 0,5 (h - st) (19) 
 
bts = 0. (20) 
 
When there is an expansion for low tensioning the 
coordinates are given by 
  
atc = r + 0,5 ct (21) 
 
btc = 0. (22) 
 
Referring to Fig. 18, the local spreading error gives an 
unbalance that can be expressed analytically as an 
unbalancing mass Δmt: In case of perimetral defect this is 
given by  
 
Δmtp = ρ L Lt dt. (23) 
 
In case of axial defect it is given by 
 
Δmtp = ρ L Lt dt (24) 

 
where ρ is the density of the defective layer; h represents 
thickness of the layer; Lt is the axial or radial dimension of 
a portion of a layer that is interested by the defect; and dt is 
the dimension of the defect. In Fig. 18 is reported a scheme 
of spreading defect of a layer. 
The centre of mass is identified by coordinates at and bt, 
whose expressions are in the case of perimeter defect in the 
form  
 
atp = r + 0,5 dt (25) 
 
btp = 0 (26) 

and in case of axial defect in the form   
 
ata = r + 0,5 h (27) 
 
bta = dd + 0,5 dt. (28) 
 
Referring to Fig. 19, the shift error of layers gives an 
unbalance that can be expressed analytically as an 
unbalancing mass Δme. In case of localized error in a 
perimetral extension Le it is given by  
 
Δme = ρ h Le ed (29) 
 
where ed represent the dimension of the shift error of the 
layer. In case of error extended for all perimeter extension, 
Le is equal to 2π r. In Fig. 19 is reported a scheme of the 
shift error. 

 
 

 
Figure 17  A scheme and parameters of tensioning error of 
a layer (st or ct: striction or expansion in radial and/or axial 

directions; ht: length of the deformed zone of the layer). 
 

 
Figure 18  A scheme and parameters of spreading defect of 
a layer (Lt: axial or radial dimension of portion of the layer 

interested; dt: defect dimension). 
 

The centre of mass is identified by coordinates ael and bel 
that are given by following expressions   
 
ae = r - 0,5 h (30)  
 
be = 0.  (31) 
 
Referring to Fig. 20, the deposition error of a belt gives an 
unbalance that can be expressed analytically as an 
unbalancing mass Δmdc, given by 
  
Δmdc = ρ sdc h L. (32) 



ISSN 1590-8844 
International Journal of Mechanics and Control, Vol. 11, No. 02, 2010 

 

 23

The centre of mass is identified by coordinates adc and bdc 
that are given by following expressions  
 
adc = r + 0,5 Lc sin αc (33) 
 
bdc = dc + 0,5 Lc (1- cos αc) (34) 
 
where sdc is the length of the defective area, Lc is the width 
of the layer and αc angle of deposition error. In Fig. 20 is 
reported a scheme of deposition error of a layer.  

 

 
Figure 19  A scheme and parameters of the shift error  

(ed: shift of the layer). 
 

 
 

Figure 20  Scheme and parameters of deposition error of a 
layer (αc: angle of deposition error, dc: shift of the layer). 

 
Referring to Fig. 21, the error of centering in layer 
deposition gives an unbalance that can be expressed 
analytically as an unbalancing mass Δmcom, given by 
 
Δmcom = ρ scom h L. (35) 
 
The centre of mass is identified by coordinates acom and bcom 
that are given by following expressions  
 
adc = 0 (36) 
 
bdc = ecom (37) 
 
where scom is the length of the defective area and ecom is the 
parameter for the distance between center of mass and 
correct centered position. In Fig. 21 is reported a scheme of 
centering defect of a layer. 
In Figs. 22 and 23 additional indicative models are 
represented by means of lumped parameters. This analysis 
can be used to determine the influence of each mentioned 
source or of data of experimental test in a study of dynamic 

response of a tyre. The schemes in Fig. 22 refer a correct 
assembly of a tyre united but with a deformed 
configuration. This case can be modeled with proposed 
formulations by using a reference angle to describe tyre 
deformation. 
A model that can be used for a physical interpretation of 
experimental data of dynamic response is shown in Fig. 23. 
The model gives the identification of concentrated 
parameters (of compliance and damping related to lumped 
masses) and/or of distribution of the components to 
differentiated dynamic behaviors.  
 

 
 

Figure 21  A scheme of centering defect of a layer. 
 

 
     (a)   (b) 

Figure 22  A scheme for an analysis of weight distribution 
in a semi-section of a tyre: (a) symmetric geometry;  

(b) skew structural configuration. 
 

 
Figure 23  A scheme for a structural characterization  

trough lumped parameters in a tyre model. 

6  A PROCEDURE FOR AN EXPERIMENTAL  
    EVALUTATION 

Experimental tests can be used to validate the proposed 
models and to characterize possible balance errors. A 
guideline is outlined to identify main steps and parameters 
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of interest for an experimental procedure as in the 
following:  
1) Definition of design characteristics for a specific 

unbalance source; 
2) Construction of a tyre with an exaggerated unbalance 

due to defined sources; 
3) Tests with built tyres to measure unbalance errors; 
4) Interpretation of results. 
Design characteristics of tyres for experimental tests are 
chosen to make evident the influence of unbalance sources. 
Then these are implemented on the manufacturing machine 
and tyres are built. 
Unbalance measures are obtained by using Model AIT Tyre 
Dynamic Balance System of Micro-Poise Measurement 
Systems at Marangoni Tyre plant in Anagni, as shown in 
Fig.24.  
A measure is obtained by locating a tyre in within measure 
tools, inflating air into the tyre and rotating tools, as shown 
in Fig. 25. An unbalance measure of tyres is based on the 
theory of centrifugal forces. A weight (m) in rotation with a 
constant angular velocity (ω) at distance (r) from the 
rotation axis will generate a force along radial direction 
given by  
 
F=mω2r (38) 
 
Static and couple unbalances generate two forces in the 
planes of the tyre, respectively as shown in Fig. 26 (a) and 
(b). In Fig. 26 are also shown the sinusoidal variation of 
reactions forces by two fixed mass points.  
The Model AIT Tyre Dynamic Balance System uses two 
load cell sensors that are located in the measure tools in 
order to evaluate reaction forces during rotation of an 
unbalanced tyre. Then, the machine displays in a monitor 
the amount and position of the unbalance mass in the tyre. 
These values are then used to verify the congruence with 
expected results from the above as mentioned models and 
numerical formulation. 

 

 
 

Figure 24  The Model AIT Tyre Dynamic Balance System 
(courtesy of Marangoni Tyre S.p.A). 

 

 

 
(a) 

 

 
(b) 

Figure 25  Three steps of measure operation by the Model 
AIT Tyre Dynamic Balance System: (a) locating a tyre on 

measure tools; (b) inflating air into the tyre; (c) rotating 
tools to measure unbalance values  

(courtesy of Marangoni Tyre S.p.A). 

7  RESULTS OF NUMERICAL EXAMPLES AND  
    OF AN EXPERIMENTAL TEST 

The effect of sources of unbalance that are shown in Figs. 
from 14 to 21 can be evaluated numerically by using the 
proposed expressions in equations from (5) to (37). An 
example of numerical results is reported in Table I. The 
width of the layer is considered L=195mm, the radial size 
of the tyre r=307 mm and the density ρ=1.2 g/l. In 
addiction, experimental tests have been carried out as 
referring to specify unbalance sources. 
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(a) 

 
(b) 

Figure 26  Schemes for forces and trend of reaction forces 
that are generated during rotation of: (a) a static unbalanced 

tyre; (b) a couple unbalanced tyre [1]. 
 
Table I - Illustrative values of unbalance errors as referred 
to models from Fig. 14 to 21 with L=195 mm, r=307 mm 

and ρ=1.2 g/l. 
 

Unbalance 
sources 

Fig. 

Size of 
unbalance 

source  
[mm] and [°] 

Unbalance 
mass [g] 

Radial 
coord. 
[mm] 

Axial 
coord. 
[mm] 

Overlap of 
junction 

Fig.14 
h=1.2; sL=10; 

tL=5; dL=1. 
1.46 307.6 87.45 

Junction 
error 

Fig.15 
ρG=ρ; 

sG=0.8;dG=0.1. 
0.156 307.6 97.6 

Local error Fig.16 
Ld=10; sd=10; 

dd=10. 
0.1 307.5 15 

Tensioning 
error 

Fig.17 ht=50; st=1.0 9.75 307 0 

Extending 
defect 

Fig.18 
Lt=100; 
dt=0.1. 

1.95 307.05 0 

Shift error Fig.19 
Le=100; 
ed=10. 

1 306.5 0 

Deposition 
error 

Fig.20 

Lc=200; 
αc=10/180π; 
dc=1; sdc=25; 

h=1.2. 

7 334.36 2.52 

Centering 
defect 

Fig.21 
ecom= 10; 
scom=25; 
h=1.2. 

7 307 10 

 

An experimental test has been carried out as referring to a 
tyre where tread has more than 25% of the total weight. The 
overlap of the edges junction, the tensioning error and their 
interactions have been analyzed by referring to the tread 
layer of a tyre model as Marangoni Verso 195/60R15.  
The overlap area of a junction is obtained by over-sizing 
the dimension of the belt of tread with a length value SL. 
The tensioning error of the layer is given by a striction ST, 
as shown in Fig. 17, as generated during the rolling of the 
reel. This can be limited by imposing elevate stretching 
pressure (PM) on the multiroller of the green tyre building 
machine, as shown in Fig. 27. The pressure of the 
multiroller is used to couple layers and can generate an 
expansion CT, as shown in Fig. 17. 
Characteristics of the tests are reported in table II. 
Maximum overlap of the edges in the junction (St=20 mm) 
and maximum pressure of the multiroller (PM=20 bar) are 
indicated with 1. Minimum values (St=0 mm) and (PM=0 
bar) are indicated with 0. In table III data for the test are 
reported referring to dimensions of the tread belt shown in 
Fig. 28. These values have been measured after the cut by 
tread belt from the continuous beam and before the 
assembly of the green tyre. 
In table IV results are reported as mean unbalanced values 
measured with built tyres. In particular, the following can 
be observed. The imposed error of overlap area of the tread 
layer gives an increase of static unbalance value (see values 
of tests 2 and 4) with respect to others with no overlap area 
(see values of tests 1 and 3). Maximum pressure due to 
multiroller limits the effect of imposed error. In fact, the 
mean static unbalance value of tyres of the test 4 is smaller 
than the value of the test 2. In addiction, the values of mean 
static unbalance of tyres with no imposed balance errors are 
similar (see values of tests 1 and 3). Thus the effect of 
manufacturing errors can be limited by using maximum 
pressure with multiroller. This can be explained as a 
homogeneous distribution of materials in a tyre. As 
expected the mean couple unbalance values of tyres in tests 
are similar. In fact, errors examined are symmetric with 
respect to equatorial plane of a tyre and therefore they 
generate only static unbalance. 
 

 
Figure 27  The multiroller of the green tyre building 

machine (courtesy of Marangoni Tyre S.p.A). 
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Table II - Characteristics of built tyres  

for experimental tests. 

n° test 
Pressure of the 

multiroller 
Overlap of the junction of 

edges 
1 0 0 
2 0 1 
3 1 0 
4 1  1 

 
 

Table III - Parameter data for experimental tests  
with tyre of table II. 

n° test 1 2 3 4 

LB [mm] 192 192 190 192 

M [mm] 1820 1832 1810 1836 

hmax [mm] 7.3 7.15 7.1 7.25 

hmin [mm] 6.25 6.15 6.2 6.2 

weight [kg] 2.772 2.686 2.612 2.744 

St [mm] 192 190 189 192 

 
 

Table IV - Results of experimental tests  
with tyre in table II. 

N° test 

Upper  
counterbalance  

mean value  
[g] 

Lower  
counterbalance  

mean value  
[g] 

Static  
unbalance  
mean value  

[g] 

Couple  
unbalance 

 mean value 
[g] 

1 13.64 19.49 26.78 10.18 

2 32.31 36.61 66.71 11.00 

3 13.08 22.32 29.07 11.37 

4 16.98 30.94 43.25 12.77 

 
 

 
Figure 28  A scheme of main dimensional parameters of a 

tread layer. 

8  CONCLUSIONS 

This paper has addressed the attention to the problem of 
unbalancing of pneumatic tyres. Main sources of unbalance 
have been identified by referring to a standard production 
process. Mathematical models have been proposed in order 
to provide a quantitative measure of the contribution of 
each unbalance source in a pneumatic tyre. A procedure for 
experimental tests has been proposed by referring to a 
commercial tyre dynamic balance measuring system. 
Preliminary experimental tests have been reported to show 

the effectiveness of the proposed analysis and to propose 
how to evaluate and to characterize experimentally balance 
errors in tyres. 
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ABSTRACT 
 

Conventional active flutter and vibration control technology relies on the use of aerodynamic 
control surfaces operated by servo-hydraulic actuators, which can be affected by some specific 
types of failure. In order to assure a sufficiently high safety degree, it is necessary to verify the 
dynamic behaviour of the whole system when a defined failure occurs. The purpose of this 
paper is to analyze the aeroservoelastic behaviour of a typical wing with active flutter 
suppression performed by a hydraulic servomechanism equipped with a defined proper control 
law (relating the required surface deflection angle to speeds and acceleration of the main 
aerofoil surface) and affected by the principal modes of servocontroller failures. Active control 
and its failure modes have been implemented within the model of a representative actuation 
system acting on a wing structure embedded in a defined aerodynamic field. 

Keywords: Failure, flutter, flight controls, active suppression. 

 
 

1   INTRODUCTION 

Aeroelasticity is the mutual interaction between 
deformations of the elastic structure and aerodynamic 
forces induced by the structure deformations. Combined, 
these effects may cause an aircraft structure to become 
unstable above a defined value of flight speed. If the 
interaction between deformations and aerodynamic forces 
involves also the inertia, the phenomenon, called flutter, is 
an oscillatory instability that occurs when the structural 
damping transitions from positive to negative due to the 
presence of aerodynamic forces. During this transition, two 
modes of vibration coalesce to the same frequency and 
achieve an aeroelastic resonance. Bending and torsion are 
the two most common vibration modes of a wing which 
coalesce to flutter. In modern aircrafts the use of automatic 
flight control systems with powered control surfaces has 
further complicated the problem.  
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This interaction between structural dynamics, unsteady 
aerodynamics and the flight control system of the aircraft, 
known as aeroservoelasticity, has been and continues to be 
an extremely important consideration in many aircraft 
designs. To prevent undesirable aeroelastic effects, the 
stiffness of the wing must be increased, adding weight to 
the aircraft and decreasing the overall performance: this 
approach is known as “passive control”. A recent 
alternative to passive control is the so called “active 
control” through feedback to control surfaces (conventional 
technique), or, more recently, through feedback to active 
materials. These vibration control technologies allow flight 
vehicles to operate beyond the traditional flutter 
boundaries, improve ride qualities, and minimize vibration 
fatigue damage. Many control strategies have been applied 
to suppress flutter or to control unacceptable wing motion. 
Conventional active flutter and vibration control 
technology relies on the use of aerodynamic control 
surfaces operated by servo-hydraulic actuators. In this 
conventional configuration the flutter and vibration 
suppression algorithms are implemented through the 
servovalve/hydraulic actuator, capable of producing (if 
necessary in presence of large oscillation amplitude) large 
forces and large surface displacement, but having some 
limitations, such as limited actuation speed in saturation 
conditions and limited frequency range. In contrast, active 
materials technologies offer high-frequency responses but 
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their typical shortcomings are limited forces and 
displacements performed.  
Generally, these problems have been already studied by 
several authors, but no work specifically concerns the 
effects on the aeroelastic system of the most important 
failure modes affecting the flutter servocontroller, as: 
• servovalve feedback spring failure 
• hydraulic system pressure drop 
• whole active flutter control failure 
• piston seizure 
• piston internal sealing failure. 
The aim of this paper is the analysis of the aeroservoelastic 
behaviour of a typical wing with active flutter suppression 
performed, through a defined control law, by a fly-by-wire 
hydraulic servomechanism affected by the aforesaid modes 
of servocontroller failures. 

2   DESCRIPTION OF AEROSERVOELASTIC MODEL 

Figure 1 shows the typical wing section that is used to 
derive the structural equations of motion. The two degrees 
of freedom associated with the aerofoil motions are the 
vertical displacement h and the pitching displacement θ.  
The displacements are restrained by a pair of springs 
attached to the elastic axis with linear spring constants Kθ 
and Kh and cubic one Kθc and Khc respectively. The airfoil is 
equipped with a trailing edge moving surface, whose 
position δ depends exclusively on the servomechanism 
position and is not affected by the aerodynamic and inertial 
loads. The servomechanism position depends, through its 
dynamic model, on the output of an adequate flutter 
suppression control law. The aerodynamic model computes 
lift and pitch moment related to the aerodynamic centre as a 
function of the dynamic pressure, the initial value of the 
angle of attack α, the pitching displacement θ, the vertical 
and pitching rates and the surface deflection angle δ.  

 

  

K   C   hc   h   
K   Aerodynamic centre C   c   

Elastic axis 
Centre of gravity   

X G 
X EA 

+h

L 
M ac 

K   h   
K   

 
Figure 1  Aeroelastic parameter definition. 

The structural dynamic model computes vertical and 
pitching accelerations related to the elastic axis as a 
function of aerodynamic loads L and Mac, inertial loads, 
weight, structural damping and stiffness. The structural 
damping is considered as a linear function of the speed, 
while the structural stiffness is modelled as a linear and 
cubic function of the displacement. The sign of the cubic 
coefficient takes into account the softening or hardening 
effects. The actuation system of the aerodynamic surfaces 
consists of a Power Control and Drive Unit (PDU, 
equipped with position transducers and tachometers), 
directly connected to the lever arm of the surfaces. The 
system control is performed by an Electronic Control Unit 
(ECU), which closes the position control loop. The PDU 
contains the hydraulic jack and the control valve. 

 

 

Figure 2  Block diagram of the model of the actuation system. 
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The model of the actuation system, as reported in figure 2, 
takes into account the hydraulic and mechanical 
characteristics of all system components as follows: 
• Coulomb friction in the PDU-surface assembly; 
• third order electromechanical dynamic model of the 

servovalve with first and second stage ends of travel; 
• fluid-dynamic model of the servovalve taking into 

account the maximum differential pressure, eventually 
time varying, performed by the hydraulic system1; 

• dynamic and fluid-dynamic of hydraulic jack taking 
into account, beside the above mentioned Coulomb 
friction, viscous friction and internal leakage. 

The high complexity of the actuation system 
servomechanism model is requested by the necessity of 
taking into account the effects of the above mentioned 
several nonlinearities on the effectiveness of the flutter 
suppression active control. 
Active control has been implemented within the proposed 
model, in order to investigate active means of flutter 
suppression via control surface motion. A simple control 
law is used which relates the required surface deflection 
angle δr to the speed and the acceleration of the main 
aerofoil surface (heave and pitch degrees of freedom). 
Hence, δr is evaluated according to the following equation: 

••••••

+++= ϑϑδ ϑϑ 1212 GGhGhG hhr  (1)

where the G’s are the gains of the system. 

3 SYSTEM COMPUTATIONAL MODELLING AND 
RESULTS 

The above described models have been used to build a 
mathematical model of the whole system and a dedicated 
computer code has been prepared. A structural model 
having linear and cubic softening spring characteristics 
around the pitch axis and linear along the vertical 
displacement is considered. The aerodynamic model is 
described as linear and the considered flight speed is 
slightly greater than the critical flutter speed. 
Some simulations have been run in different failure 
conditions, in order to verify the criticality of the actuation 
system failures on the flutter suppression active control. All 
the following figures show the behavior of the system in 
terms of vertical displacement h and pitching angular 
displacement θ: their trend is typically oscillatory, 
characterized by a frequency slightly depending on the 
corresponding amplitude, having an average value of 
approximately 14,5 Hz. The curves reported in the figures 
represent the envelopes of the eventually damped 
oscillations. 
Figure 3 shows the behaviour of the system characterized 
by a fully operational (no failures) active flutter control, in 
terms of vertical displacement h and pitching angular 
displacement θ, employing the control law (1) applying a 
not null value only to the gain Gθ2, because this is a 
satisfying solution as discussed in [1]. 
In this case the slow growth of the oscillations amplitude, 

following the application of a large step perturbation 
concerning the pitching displacement at time t = 1 s, is 
suppressed by the active flutter control. 
This case must be considered as reference condition for the 
following simulations. 
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Figure 3  Fully operational system. 

Figure 4 shows the dynamic behaviour of the system in the 
servovalve feedback spring failure condition. The failure 
occurs at time t = 2 s. With respect to Figure 3, the 
behaviour is substantially identical as long as the amplitude 
of the servomechanism input command is so large to 
produce end of travel displacements of the servovalve 
spool, because in this condition the feedback spring is 
practically ineffective. Some small differences are 
detectable when the amplitude of the input command is 
substantially reduced and the ends of travel are no longer 
important in the displacement of the servovalve mechanical 
elements. However the servomechanism, though affected 
by a limit cycle giving rise to fatigue damage, is able to 
perform a response on average close to the commanded 
position. In fact the limit cycle frequency is higher than any 
structural frequency, so its effect is marginal for the 
aeroelastic phenomenon. 
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Figure 4  Feedback spring failure. 

Figure 5 shows the dynamic behaviour of the system in 
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case of hydraulic system pressure drop to a very low value 
(1 MPa) occurred at time t = 2 s, when both the servovalve 
spool and the moving surface are far from the centered 
position. The available actuation speed at a very low 
pressure value is very small, so the moving surface should 
no longer be able to retract to the null position. In this case 
the surface is progressively driven, through a series of 
oscillations, to the null position mainly by the aerodynamic 
load, overcoming the supply pressure effect. However the 
reduced available actuation rate prevents an effective flutter 
corrective action. 
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Figure 5  Hydraulic pressure drop to a very low value. 

Figure 6 shows the dynamic behaviour of the system in 
case of hydraulic system pressure drop to a higher value 
than the previous case (5 MPa) occurred at time t = 2 s.                 
The available actuation rate is higher than in Figure 5, so 
the flutter corrective action is slightly more effective. 
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Figure 6  Hydraulic pressure drop to a higher value than the 
previous case. 

Figure 7 shows the same pressure drop of Figure 5 at time t 
= 2 s, then followed by a pressure restore to the normal 
value (20 MPa) at time t = 5 s. As expected, it can be noted, 
till to 5 s, the same behaviour reported in Figure 5.                   
At the pressure restore the corrective ability of the 
servomechanism is now fully available, and the behaviour 

of the system is similar to Figure 3. 
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Figure 7  Hydraulic pressure drop and subsequent restore. 

Figure 8 shows the dynamic behaviour of the system in 
case of whole active flutter control failure, intended as the 
loss of the servomechanism input command (constantly 
null), without any failure strictly regarding the 
servomechanism integrity. When the failure occurs, the 
surface is quickly retracted to the null position, remaining 
ineffective through the following part of the simulation. As 
expected, the flutter phenomenon is slightly divergent, as in 
case of absence of active flutter control.  
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Figure 8  Whole active flutter control failure. 

Figure 9 shows the dynamic behaviour of the system in 
case of incipient piston seizure, modelled as a marked rise 
of the friction force to a value slightly lower then the stall 
piston one. As a consequence, the servocontrol actuation 
rate, still possible, is however lower than usual, so the 
corrective capability is reduced. 
Figure 10 shows the dynamic behaviour of the system in 
case of piston seizure, modelled as a more marked rise of 
the friction force to a value higher then the stall piston one. 
When the failure occurs, the surface is stopped in a position 
far from the centered one, and its flutter corrective action is 
lost. More, the not null surface position is able to keep the 
wing structure in a deformed position, as it is evident 
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mainly in terms of vertical displacement.  
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Figure 9  Incipient piston seizure. 
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Figure 10  Piston seizure. 

Figure 11 shows the dynamic behaviour of the system in 
case of marginal piston internal sealing failure, modelled as 
a medium growth of its leakage coefficient. Under low to 
medium aerodynamic loads, the actuation capability is 
slightly reduced (lower rate) but substantially preserved. As 
a consequence the flutter corrective action is slightly lower 
than the case shown in Fig. 3. 
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Figure 11  Marginal piston internal sealing failure. 

Figure 12 shows the dynamic behaviour of the system in 
case of piston internal sealing failure, modelled as a large 
increase of its leakage coefficient. In this case the actuation 
capability is markedly reduced even under low 
aerodynamic loads. On the contrary the aerodynamic load 
is often able to overcome the input command and the 
surface deployment is mainly the consequence of the load 
itself. This effect produces a negative corrective action, so 
developing higher divergence rate. 
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Figure 12  Piston internal sealing failure. 

4 CONCLUSIONS 

The results presented in this work are obtained in case of 
not redundant servosystem; so the failure effects are not 
limited by the action of the operative portion of an 
eventually redundant device. However the results are 
significant mainly for their conceptual aspects and show the 
possible criticality of a singular failure in a not redundant 
device. It can be noted that the more critical failures are 
those concerning the loss of the piston internal sealing, the 
total supply pressure drop or the total piston seizure. 
Sealing damage and pressure drop can be efficiently 
overcome by a proper redundancy; on the contrary, the 
piston seizure, particularly in case of force summed 
redundancies, must be considered seriously critical because 
the operative portion of the system may be incapable of 
overcoming the failure effects. 
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ABSTRACT 

 
The use of machinery for the mechanical harvesting of small fruits requires a detailed study of 
the physical characteristics of the fruits. In this work the parameters (mean geometric diameter, 
fruit surface area and apparent elasticity) to be considered for the purpose of designing 
mechanical systems for use in the harvesting and interception of myrtle berries are defined. 
Three different varieties grown were compared: RUM 4 was found to be the most suitable for 
harvesting with facilitating machinery. 

 

Keywords: myrtle berries, myrtle leaf, test compression, air rate, mechanical harvest. 

 
 

1  INTRODUCTION 

Myrtle, Myrtus communis L., is a steno-Mediterranean 
frutescent species that grows spontaneously in Italy, Spain, 
France, Tunisia, Algeria and Morocco (Figure 1). In Italy, 
it is present in almost all coastal areas and mainly on the 
islands.  The myrtle is a shrub averaging 1,5 m, but 
grooving up to 2,5 m in height [1], [2]. 
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The myrtle fruit is a spherical or ellipsoidal berry whose 
colour varies from red to deep purple and white. In 
Sardinia, the berries are the raw material used in the 
making of red and white myrtle liqueur [3], [4]. The market 
for this product is in a period of strong expansion: in 
Sardinia in the ten-year period from 1995 to 2005 the 
production of red myrtle liqueur increased by 173.5%, with 
a production of 1,574,730 litres/yr, corresponding to 
276,657 kg/yr of harvested berries. The fresh product is 
harvested by hand by rakes, prevalently from spontaneous 
plants, with a noteworthy expenditure of manpower [5]. 
Mechanical harvesting is still primarily limited to fruit be 
processed. Although some producers have successfully 
marketed mechanically harvested fruit in the fresh market, 
current harvesting and handling techniques generally cause 
too much fruit damage for the fresh market. The declining 
availability and rising cost of agricultural labour will 
pressure myrtle producers to mechanize production and 
handling practices even further. A major obstacle to further 
mechanization appear to be loss in small berries quality 
associated with traditional harvester[6], [7].  Dale et alt 
described continuou harvester prototype developed by 
ARS, USDA engineers, Michigan State University, which 
have “fingers” of steel that can detached over 90% of 
mature blueberry, along with some green fruit an leaves. At 
last Dale describes other harvester that have good potential 
for the picking mechanism but produce always damage in 
the mature blueberries which have similar dimension of the 
myrtle berries [8]. On the basis of these considerations, the 
modification of an equipment was arranged for picking 
olives, in one able to strike also the myrtle berries. The 
modifications produce, were the inter- axe space reduction 

Figure 1  The myrtle plant (Myrtus connunis L) 
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between “fingers” and the protection of the same ones with 
a sheath in silicon to reduce any damage from contact 
among “fingers” and fruit. The manual harvester with an 
rotating mechanisms was designed for low bushes or small 
plants (Figure 2). 
 

 
These appear to be more delicate and less aggressive 
respect the traditional “finger” harvester. If protected may 
reduce berry damage, consequently, a detailed study of the 
fruit’s physical characteristics (diameter, sphericity, surface 
area, weight and real and apparent volume) and mechanical 
movement of small harvesting systems and fruits damage 
was carried out to define the relationships between machine 
and fruit [8], [9], [10], [11]. Shape, size, volume, surface 
area, density, porosity, colour and appareance are some of 
the physical characteristics which are important in many 
problems associated with design of specific machine or 
analysis of the behavior of the product in handling of the 
material. 

2  AIM OF THE WORK 

The aim of the work is to evaluate response of three 
autochthonous myrtle berries varieties and their 
adaptability for mechanical harvesting by an electric comb 
with protected “fingers”. The second obiective was carried 
out a detailed study of the fruit’s physical characteristics 
(diameter, sphericity, surface area, weight and real and 
apparent volume) and the relationships between mechanical 
movement of small harvesting systems and fruits damage. 

3  MATERIALS AND METHODS 

The use of this mechanical systems provides evident 
advantages in increasing production, respect to the hand 
picking, but they can also cause damage to the product 
through contact with both branches and berries, especially 
the latter, whose integrity is fundamental for obtaining a 
high-quality liqueur product. For this reason the “fingers”, 

made in titanium, was protected by silicon sheaths having a 
thickness of 0.5 mm. It is perfectly clear that the action of 
the non protected combs on the berries may cause some 
damage to the fruits and consequently compromise the 
integrity of the product which have shape and size bigger 
than the distance between “finger” (15,5 mm) because the 
berry through comes its and sustained a damage more o less 
severe. Then, the dimensional parameters of the berries 
must be measured. These, were measured on a sample of 
100 berries with three replications, picked randomly; the 
parameters determined were: longitudinal (L), transversal 
(T) and intermediate (W) diameters means by an electronic 
callipers, model S 225 (Wurth) with a resolution of  
0,001mm; the mean geometric diameter (Dg); sphericity 
() expressed as a percentage and berry surface area (S) 
calculated using the Mohsenin (1), (2) and Baryeh (3) 
formulas [12], [13]: 
 

3
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)(LWTDg   (Mohsenin, 1970) (1) 

100
)( 3

1

L

LWT
  (Mohsenin, 1970) (2) 

2DgS   (Bryeh, 2001) (3) 

 
The average weight (P) of 100 berries expressed in grams 
was determined by means of a digital scale, model Mettler 
PC 180 with a resolution of  0.001g for determine the 
percentage of weight class distribution that form the 
population of the berries during the harvest.  Normally, the 
mechanical damage in agricultural products are due either 
to external forces under static and dynamic conditions or 
internal forces. At last, in order to evaluate berry dimension 
during the harvest, if the contact with the teeth of the 
electrical comb was producing a some modification of the 
product picked up in terms of damage or in terms of modify 
the form we calculated the apparent modulus of elasticity 
(Ea) in kPa/mm2, using a motorized stand (LF-Plus) and 
following the ASAE S 368.3 standard (4) [14] for spherical 
berries submitted to uniaxial compression by means of a 
single contact plate. The detachment force was measured 
by an portable digital force gauge (IMADA) on a sample of 
100 berries with three replications, picked randomly. As 
concerns the leaves, in both experimental plots the same 
biometric parameters of the berries the air rate (Vt), were 
determined as well as using an air separator created for the 
purpose, while air rate was measured by means of a hot-
wire anemometer (model DO 2003, HVACR, produced by 
Delta OHM), (Figure 3). 

3.1 Apparent Modulus of Elasticity (AME) 
The AME of the myrtle berries was calculated using 
equation 4 of the ASAE S368.4 Dec.2003 for parallel 
contact plate 
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Figure 2  Equipment utilized for the harvest of 
myrtle berries producted by COIMA-(Italy) 
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where: 

E = apparent modulus of elasticity (N/m 2 )  
D = deformation (mm)  
F = force in Newton (N)  
μ = Poisson’s ratio (dimensionless) 
RU and R’U = radii of curvature of the convex surface of the 
sample at the point of contact with the upper plate (mm)  
RL and R’L = radii of curvature of the convex surface of the 
sample at the point of contact with the upper plate (mm)  
RU and RL are the minimum radii of curvature of the sample 
at the point contact; RL and R’L are the maximum radii of 
curvature 
KU and KL are constants. 
The value of compression force needed to rupture the 
berries was recorded, calculated and displayed on the PC 
monitor at the same time using the software “Nexigen force 
gauge” (Loyd, Systems, version 1.0). 

4  STATISTICAL ANALYSIS 

The data of fruit and leaf biometric parameters, apparent 
elasticity and air rate were statistically analyzed using 
Statgraphics, XV-Centurion (StatPoint.Inc, 2005) software 
by means of the simple analysis of variance (ANOVA). 
The means, compared with the Multiple Range Test 
(MRT), were separated using Duncan’s test (p = 0.05). 

5  RESULTS AND DISCUSSION 

5.1 Sizes of berries in the two experimental sites considered 
In the population of the fruits analyzed at the two sites 
(Sella & Mosca and Pozzo d’Ussi) the distribution 
percentage for T and L indicate a value for T between 6.8 
mm and 9.8 mm for 87.4% of the berries , while 4.6% and 
8% were below 6.8 mm and above 9.8 mm respectively. 
Parameter T is between 6.2 mm and 8.8 mm (79%), below 
6.2 mm (13%) and above 8.9 mm (8%). The mean Dg 
(table I) is 67% of berries between 6.8 mm and 8.7 mm, 
while the remaining 33% is composed of fruits with 
diameters either above or below this spread. Irrigation 
increases the Dg value of berries from the Sella & Mosca 
plot by 21.8%, 9.8% and by 28.6% compared to the variety 
grown at Pozzo d’Ussi. Seventy-five percent of the berries 
picked at both experimental sites had a surface area 
between 150 mm2 and 240 mm2, while the extremes were 
14% (berries with S < 150 mm2) and 11% (berries with S > 
240 mm2). The increase in surface area makes for more 
efficient use of mechanical harvesting besides being 
detached by the vibrations applied to the plant, the berries 
do not go through the space between the teeth of the comb 
and the larger size also increases the exchange surface 
between the berries and the water and alcohol solution. 

 
Table I - Mean geometric diameter and surface area of 
berries harvested at Sella & Mosca and Pozzo d’Ussi 

Parameter
Sella & Mosca (irrigated*) and Pozzo d’Ussi 

(not irrigated**) 

Classes 
(from 5.5 mm 

to 6.7 mm) 
(from 6.8 mm 

to 8.7 mm) 
(from 8.8 mm 

to 9.9 mm) 
Dg (%)* 25 67 18 

Dg (%)** 15 61 14 

Parameter
Sella & Mosca (irrigated*) and Pozzo d’Ussi 

(not irrigated**) 

Classes 
(from 90 mm2 
to 130 mm2) 

(from 131 
mm2 to 240 

mm2) 

(from 241 mm2 
to 300 mm2) 

S (%)* 19 75 14 

S (%)** 14 67 11 
 

 
The diameters L, W and T present a higher value in the 
irrigated fruits compared to those without irrigation (tables 
II and III). The Dg of the berries is, respectively, 7.63 mm 
for CPT 5, 8.08 mm for CPT 4 and 7.14 mm for RUM 4 
harvested at Pozzo d’Ussi, while in the other experimental 
plot the same parameter is higher in the varieties CPT 5 and 
RUM 4, with 9.04 mm and 9.39 mm, and slightly lower 
(7.93 mm) for CPT 4. The berry surface area (S), varies 
from a minimum of 161.6 mm2 for the RUM 4 variety to a 
maximum of 206.8 mm2 for CPT4 harvested at Pozzo 
d’Ussi. The shape of the fruit is prevalently ellipsoidal, 
with sphericity varying from 89.8% to 79.7% at Pozzo 
d’Ussi and from 79.5% to 86.0% at Sella & Mosca. 
Concerning the site of production and the use of irrigation, Figure 3  Air separator with speed meter model  

DO 2003, HVAC. 

leaf 

 

h = height at which flow rate and air speed 
are measured 
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the value of S increases by 26.3% for CPT 5, 10.7% for 
CPT 4 and 21.4% for RUM 4.  
 

Table II - Mean and standard deviation of dimensional 
parameters of berries of the CPT 5, CPT 4 and RUM 4 

varieties harvested at Pozzo d’Ussi. 

Parameter
*   

Unit of 
measur
ement 

CPT 5 CPT 4 RUM 4 

mean 
Std. 
dev. 

mean 
Std. 
dev. 

mean 
Std. 
dev. 

L mm 8.44  0.89 9.79  0.80 8.14  0.80 

W mm 7.12  0.78 6.82  0.56 6.52  0.33 

T mm 7.29  0.96 7.16  0.65 6.71  0.67 

Dg mm 7.63  0.88 7.93  0.63 7.14  0.67 

S mm2 185.23  2.60 198.39  2.90 161.55  9.71 

 % 89.80  3.30 79.70  2.11 85.39  1.89 

P g 0.40  0.12 0.25  0.05 0.39  0.08 

U % 67.6  0.86 66.3  0.34 67.1  0.12  
 

*Explanation of symbols: L = longitudinal diameter;  
W = intermediate diameter; T = transversal diameter;  
Dg = mean geometric diameter; S = fruit surface area;  
 = sphericity; P = weight; U = fruit moisture content. 

 

Table III - Mean and standard deviation of dimensional 
parameters of berries of the CPT 5, CPT 4 and RUM 4 

varieties harvested at Sella & Mosca 

Parameter
*  

Unit 
of 

measu
remen

t 

CPT 5 CPT 4 RUM 4 

mean std dev. mean std dev. mean std dev.

L mm 10.37  1.15 8.97  0.86 11.05  1.42 
W mm 8.12  0.12 7.37  0.24 8.12  0.45 
T mm 8.48  0.68 7.70  0.75 8.69  0.97 

Dg mm 9.04  0.72 8.08  0.73 9.39  1.05 
S mm2 258.14  3.49 206.82  3.88 279.99  2.61 
 % 86.00  2.51 79.51  2.59 83.11  2.50 
P g 0.45  0.12 0.41  0.09 0.44  0.14 
U % 69.6  0.21 68.9  0.31 69.1  0.12  

 
*Explanation of symbols: L = longitudinal diameter;  
W = intermediate diameter; T = transversal diameter;  
Dg = mean geometric diameter; S = fruit surface area;  
 = sphericity; P = weight; U = fruit moisture content.  

(a) Median standard deviation.* 
 
Considering the mean weight of the berries, it is observed 
that the heaviest ones are present at the Sella & Mosca site 
compared to Pozzo d’Ussi and the humidity content varies 
from a minimum of 66.3% (Pozzo d’Ussi) to a maximum of 
69.6% (Sella & Mosca). The berry surface area in the non-
irrigated field (table IV), varies from 161.5 mm2 for the 
RUM 4 variety to 206.8 mm2 for CPT 5. The same 
parameter in the berries harvested at Sella & Mosca varies 
from: 198.4 mm2 for CPT 4 to 279.9 mm2 for RUM 4. The 
means reveal significant differences (P< 0.05%). The 
differences are caused by varietal features and agronomic 
practices supporting cultivation; the Pozzo d’Ussi field was 
not irrigated and consequently the shrubs are more rustic. 
 

Table IV - Comparison of fruit surface area (mm2) in the 
berries harvested at Pozzo d’Ussi 

Cultivar Number of 
samples 

Means 
within 
groups 

Homogeneous 
groups 

RUM4 284 161.55  X 
CPT4 284 185.23    X 
CPT5 284 206.82            X 

 Comparison of 
groups 

Difference Limits (+/-) 

CPT5 CPT5 – CPT4 *21.58 11.17 
RUM4 CPT5 – RUM4 *45.26 11.17 
CPT4 CPT4 – RUM4 *23.68 11.17 

 
* the differences between the groups are significant  

for P< 0.05% 

5.2 Comparison between surface area (S) and weight (P)  
       of the myrtle berries  

The berries of the three varieties harvested at Pozzo d’Ussi 
had weight classes from 0.26g to 0.45g; among these, those 
with weights between 0.36g and 0.45g represented 80% of 
the sample considered. The S parameter for these fruits 
varied from a minimum of 130mm2 to above 260 mm2 
(RUM 4). The surface area is constantly above the 
minimum value determined (130 mm2). In the case of the 
irrigated fruits at Sella & Mosca, two differences appeared: 
the first concerns weight; the varieties CPT 5 and RUM 4 
are in the same weight class as those at Pozzo d’Ussi (from 
0.30g to 0.60g, for 70% of the berries harvested). The 
variety CPT 4 instead has fruits weighing between 0.20g 
and 0.40g (70% of the berries harvested). As concerns S, 
this varies from 180 mm2 of CPT 4, to 340 mm2 of CPT 5. 
Thus the use of irrigation produces, with the same weight, a 
noteworthy increase in fruit surface area owing to the 
different degree of humidity present in the berries (tables 
IV and Va and Vb).  

5.3 Detachment force 

The berries with an average weight above 0.20g harvested 
at Pozzo d’Ussi show detachment forces between 0.54 N 
(CPT 5) and 2.24 N (RUM 4). For the other weight classes, 
from 0.31g to 0.50 g, average detachment forces go from a 
minimum of 0.62 N to a maximum of 2.24 N in the CPT 5 
variety. Berries with an average weight of 0.20g, harvested 
at Sella & Mosca, showed forces between 0.64 N and 0.80 
N. For the other weight classes, from 0.31g to 0.50 g, 
variations from a minimum of 1.17 N for the variety RUM 
4 to a maximum of 2.24 N for the same variety were 
observed. 

5.4 Apparent Modulus of Elasticity (AME) 
The feasibility of mechanical harvesting was evaluated by 
means of the apparent modulus of elasticity (Ea) (tables VI 
and VII). Analysis of the force/deformation diagram also 
shows that the berries have a resistance to compression 
identical to that of other fruits.  
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Table V - Weigth average (g), class percentage (%) and 
detachment force (N) measured in the first (a) and second 

(b) data of harvest in one experimental field 
 

(a) 

Varieties 

Harvest data 3 december 2004 

 “Pozzo d’Ussi” 

Calculated parameters  

Weight 
average 

(g) 

Class 
weight 

(%) 

Detachment 
Force  

(N) 

CPT 4 0.27 ± 0.04 20a 1.27± 0.44 

CPT5 0.26 ± 0.03 45 1.35± 0.25 

RUM 4 0.29 ± 0.02 6 2.14± 0.54 

    

CPT 4 0.36 ±  0.03 70 1.41± 0.38 

CPT5 0.34 ±  0.03 45 1.33± 0.43 

RUM 4 0.35 ±  0.03 83 2.24± 0.48 

    

CPT 4 0.43 ±  0.03 10 1.12± 0.23 

CPT5 0.42 ±  0.01 10 1.16± 0.09 

RUM 4 0.42 ±  0.01 11 1.77± 0.68 
 

 (b) 

Varieties 

Harvest data 16 december 2004 

 “Pozzo d’Ussi” 

Calculated parameters  

Weight 
average 

(g) 

Class  

weight 

(%) 

Detachment 
Force 

(N) 

CPT 4 0.28 ± 0.01 20 0.90 ± 0.17 

    

CPT 4 0.34 ± 0.03 70 1.04 ± 0.38 

    

CPT 4 0.42 ± 0.03 10 1.20 ± 0.08 

CPT 5 0.47 ± 0.03 60 0.54± 0.33 

RUM 4 0.46 ± 0.03 45 1.95± 0.35 

    

CPT 5 0.53 ± 0.03 35 0.62± 0.28 

    

CPT 5 0.61 ± 0.11 5 0.30± 0.03  

There appear two flexure points characteristic of the 
compression curve, one after about 120 seconds from 
application of pressure (deformation to yield) and the other 
after 140 seconds which identifies the value of N at rupture 
of the epicarp (deformation to rupture). Both are 
determined by the relation between the time of action of the 

force (s) and the velocity of advancement of the crossbar 
(mm/s).  In both the experimental areas, RUM 4 compared 
to CPT 4 and CPT 5 shows that it is best suited for 
mechanical harvesting since its resistance to compression 
was in all cases higher, 59.41 kPa at Pozzo d’Ussi and 
51.29 kPa at Sella & Mosca.  
 

Table VI - Value of apparent elasticity (Ea = kPa/mm2) 
observed on homogeneous planes for berries harvested at 

Pozzo d’Ussi 
 

Cultivar Number of 
samples 

Means 
between 
groups 

Homogeneo-
us groups 

CPT5 84 55.02 (kPa)     X 
RUM4 84 59.41 (kPa) X 
CPT4 84 59.60 (kPa) X 

 Comparison 
between 
groups 

Difference Limits (+/-) 

CPT5 CPT5 – 
RUM4 

*-4.59 1.02 

RUM4 RUM4 – 
CPT4 

0.19 1.02 

CPT4 CPT5 – 
CPT4 

*-4.39 1.02 

 
 

* the differences between the groups are significant  
for P< 0.05% 

 
Table VII - Value of apparent elasticity (E = kPa/mm2) 
observed on homogeneous planes for berries harvested 

at Sella & Mosca  

Cultivar Number of 
samples 

Means 
within 
groups 

Homogeneo-
us groups 

CPT4 84 55.55 (kPa) X 
RUM4 84 59.29 (kPa)         X 
CPT5     84         59.65 (kPa)          X 

 Comparison 
between 
groups 

Difference Limits (+/-) 

CPT4 CPT4 – 
RUM4 

*-3.74 0.89 

CPT5 CPT4 –  
CPT5 

*-4.10    0.89 

RUM4 CPT5 – 
RUM4 

    0.36 0.89 

 
 

* the differences between the groups are significant  
for P< 0.05% 

They indicate better resistance of RUM 4 to external 
dynamic stresses caused by contact with the harvesting 
machine (shaking, impactscaused by vibrations and during 
the filling of bags and so on). There is also a greater 
predisposition of the berries to undergo minor abrasions, 
surface injuries and in general traumatic breaks in the fruit 
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surface which are the cause of enzymatic oxidation that 
reduces product quality. The varieties harvested at Sella & 
Mosca show the same significant differences and, of the 
three varieties, RUM 4 and CPT 4 have better resistance to 
dynamic compression that does CPT 5. 

5.5 Biometric analysis of leaves and determination of 
        terminal velocity (Vt) 
By exploiting the different leaf areas, we can determine the 
operational parameters necessary for a ventilator installed 
to remove leaves that fall during plant vibration by the 
working organs (teeth of the comb).  
 

Table VIII - Mean and standard deviation of 
dimensional parameters of leaves of the CPT 5, CPT 4 

and RUM 4 myrtle varieties harvested at Sella & Mosca 
 

Parame-
ter*  

 

Unit of 
measure-

ment 

RUM 4 CPT 4 CPT 5 

mean 
 

Std 
dev. 

 

mean 
 

Std 
dev. 

 

mean 
 

Std 
dev. 

 
L mm 25.13  5.04 22.59  5.78 30.51  6.48 

W mm 10.59  1.58 8.17  1.84 10.07  1.95 

T mm 11.95  2.49 9.96  2.16 11.64  2.19 

Dg mm 14.31  2.48 12.17  2.64 15.23  2.86 

S mm2 642.99  1.09 47.06  1.23 73.33  1.21 

 % 57.85  0.40 49.20  2.11 49.91  1.51 

P g 0.06  0.02 0.05  0.02 0.08  0.03  
*Explanation of symbols: L = longitudinal diameter;  
W = intermediate diameter; T = transversal diameter;  

Dg = mean geometric diameter; S = leaves surface area;  
 = sphericity; P = weight leaves. 

 
Table IX - Mean and standard deviation of dimensional 
parameters of leaves of the CPT 5, CPT 4 and RUM 4 

myrtle varieties harvested at Sella & Mosca 

Cultivar Number of 
samples 

Terminal 
velocity  
(min) 

Terminal 
velocity  
(max) 

(m/s) (m/s) 

CPT4 84 1.31 1.40 

RUM4 84 0.54 0.61 

CPT5 84 0.88 0.97 
 

The mean values of parameters calculated also for the 
leaves at the Sella & Mosca site and their standard 
deviations are illustrated in (table VIII). For L, they are 
25.13 mm, 22.59 mm and 30.51 respectively for the RUM 
4, CPT 4 and CPT5 varieties. The values of W and T are 
9.96 mm and 11.67 mm for the second. Leaf Dg was 14.5 
4mm for RUM 4, 12.17 mm for CPT 4 and 15.23 mm for 
CPT 5. Leaf area varies from a minimum of 728.33 mm2 in 
RUM 4 to a minimum of 456.06 mm2 in CPT4. The shape 
of the leaves, defined by parameter (), is different for all 
varieties and varies from 57.85% for RUM 4 to a minimum 

of 49.20% for CPT 4, while the heaviest leaves are those of 
the varieties CPT 5 and RUM 4. Terminal air velocity (Vt) 
varies with the variety and leaf surface; the minimum is 
between 0.54 m/s for RUM 4 and 1.31 m/s for CPT 4, 
while the maximum is between 0.61 m/s and 1.40 m/s 
(table IX).6  

CONCLUSION 

In designing facilitating machinery and mechanical systems 
for the harvesting of small fruits such as myrtle berries, the 
different physical dimensions of the fruits must be taken 
into account. These appear to be more delicate and less 
aggressive respect the traditional “finger” harvester and its 
protection by silicon sheaths may reduce berry damage.  It 
is evident that the use of proper and consolidated farming 
practices (irrigation, fertilization and so on) improve the 
biometric characteristics of the fruits, lead to significant 
increases in mean geometric diameter (Dg), sphericity () 
and surface area (S) of the single fruits and consequently 
lead to more efficient use of harvesting systems. In the two 
experimental plots and for all varieties the difference in 
detachment force is minimum. The RUM 4 variety shows 
greater resistance to rupture and is thus better suited for 
mechanical harvesting by the electrical com with protected 
“fingers”. Increases in fruit size cause an increase in 
resistance to deformation and rupture of the epicarp. The 
berries are capable of resisting compression stresses from a 
minimum of 55 kPa (CPT 5) to a maximum of 59 kPa 
(RUM 4). All berries harvested are whole and without 
rupture of the epicarp, and only in a few cases was there 
crushing; this was found in the harvesting of all three 
varieties and in both experimental fields. The result of 
rupture test presented from others authors [11] show that 
the rupture forces is highly dependent on moisture content 
of the fruits. In the field irrigated and not irrigated the 
difference was very low, because the difference in moisture 
content from the berries was not significant. Myrtle plants 
are also characterized by a natural dropping off of leaves 
during the harvest period. In previous studies an increase in 
the percentage of leaves in the total harvest was observed. 
For separation of leaves from the fruit, the terminal air 
velocity (Vt) is dependent on leaf surface exposed to the air 
flow used and the variety: a velocity of 0.54 m/s (RUM 4) 
is sufficient to separate the leaves from the berries, while 
the maximum velocity is 1.40 m/s measured for the leaves 
of the CPT 4 variety. Finally, of the varieties tested, RUM 
4, with and without irrigation, showed an excellent 
propensity for mechanical harvesting since it is the most 
resistant to impacts and handling of the product of the two 
different growing systems. Small harvester, which were 
designed for low or young bushes, appear also to reduce 
berry damage. Since damage is proportional to the distance 
berries fall, shorter bushes and smaller harvester may 
provided a higher quality fresh product. 
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ABSTRACT 

The paper presents an epicyclic gear train dynamic mathematical model including mesh 
efficiency, bearings/seals losses and inertial effects. The mathematical model treats separately 
the mesh between sun and planets gears and the mesh between planets and ring gears. Two 
different ordinary efficiency values for each gear pair can be specified for forward and reverse 
power transmission through it. The mesh efficiency is inserted into the dynamic model through 
a change in the direction of the mean reaction force between tooth surfaces. The extension of 
the equations valid for ordinary gearing to elementary gear train with epicyclic arrangement is 
made by using the kinematic inversion. A formula for selecting the correct efficiency value, to 
be used in the model, depending on the direction of power flows along the epicyclic gear train 
is presented. Finally, in order to check the validity of the dynamic model proposed, a steady-
state working condition is analysed in detail and the mesh efficiency resulting from a numerical 
simulation of the model is compared with analytical formulas. 

Keywords: Epicyclic Gear Train, Planetary Gear Set, Mesh Efficiency, Modeling. 

 
 

1   INTRODUCTION 

Epicyclic gear train (EGT) dynamic modeling has recently 
become relevant to improve the performance of virtual 
analysis especially in the field of automotive transmissions 
components [5]. The requirements which currently 
characterize the transmission design from the point of view 
of vehicle energy saving ask for gear trains dynamic virtual 
analysis including a detailed  description of the power 
losses.  
As well kwon the main sources of power loss in a gear train 
are: gear mesh losses, windage and churning losses, bearing 
and seal losses and lubrication pump losses.  
In comparison with ordinary gear trains where mesh 
efficiency is very often close to unity, the power loss in an 
epicyclic gear train, depending both on the operating 
condition and on the gear train geometrical configuration, 
can become very low [6]. 
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Several articles were written with the aim of analytically 
describe the efficiency of such a mechanical device for all 
the possible power paths through the gearing. Pennestrì and 
Valentini in [7] summarize some of these analytical 
approaches, e.g. [4], [8] and [9], for the mesh efficiency 
computation in a two degrees of freedom (d.o.f.) epicyclic 
gear train and demonstrate the numerical equivalence of the 
different formulas presented. The problem of the extension 
of these analytical expressions for a generic n-link EGT can 
be dealt with by means of manual (see e.g. [10]) and 
systematic methods (see e.g. [6]). 
A systematic methodology for computing the mechanical 
efficiency of a generic EGT considering also load 
dependant power losses and inertia effect is presented in 
[2]. In that work the multibody formalism is used for 
solving the inverse dynamic problem in gear train and the 
approximated method of Anderson and Lowenthal [11], 
that accounts for sliding, rolling, bearing and windage 
losses, is adopted for estimating the efficiency of the 
ordinary gear train.  
The present work shows a dynamic model of a two d.o.f. 
epicyclic gear train that considers the following source of 
internal power loss: mesh efficiency, seals and bearings. 
The inertial effects of all the components are also included 
in the model. 
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The followed approach consists in the next steps: 
• decomposition of the gear train in its basic 

elements 
• insertion of the mesh efficiency for each gear pair 

through a change in the direction of the mean 
reaction force between tooth surfaces [4] 

• estimation of the ordinary efficiency of the gear 
pairs as function of gears geometrical parameters 
and the frictional contact conditions between teeth, 
see e.g. [1], [3], [4], [11], [12]. This part is not 
detailed in the paper. 

• extension of the formulae valid for ordinary gear 
train to elementary gear train with epicyclic 
arrangement [2] 

• Coulomb friction model for the resistant torque 
due to bearings and seals 

• dynamic balance equations starting from the free 
body diagrams and kinematic relations 

• dynamic system matrix formulation and solution 
• efficiency expression valid for all possible power 

flow configurations 
• graphical and numerical model verification in 

steady-state conditions 

The paper discusses the relations between efficiency and 
displacement of the meshing force of the gears due to the 
presence of friction both for external and internal gears and 
an original formula is proposed to appropriately select the 
right instantaneous value depending on the specific 
dynamic situation. 
The model presented was implemented in a simulation 
environment and the correctness of the computed mesh 
efficiency was verified for all the possible combinations of 
power flows. The simulated efficiency using the proposed 
dynamic model and the analytical formulas [7] give exactly 
the same results for the same steady state operating 
conditions. A particular case is analysed in detail 
considering the awaited (graphically) and the computed 
model variables (analytically) with the aim of verifying the 
sign of the internal meshing forces and their displacement 
from the pitch point.  

 

Figure 1- Epicyclic gear train with the adopted 
nomenclature 

 

2  MESH EFFICIENCY MODELING  
    FOR ORDINARY GEARING 

According to the Merritt’s model [4], the direction of the 
meshing force, in presence of friction between teeth, 
intersects the center distance in a point, which is not the 
center of instantaneous rotation of the involved pitch 
circles. Since this distance is not constant, during the 
passage of the point of contact from end to end of the line 
of contact, it is useful to compute a mean value of this 
displacement over a complete cycle of engagement called 

. 
Generally speaking, in case of different meshing conditions, 
i.e. sliding velocities and coefficient of frictions, in 
approach and recess there can be differences in terms of 
direct (subscript D) and inverse (subscript I) mesh 
efficiency. Considering for example the same gears used 
both as a reduction drive and as a step-up drive, thus 
replacing the driver with the follower, different values of 
efficiency can arise. More specifically, as explained in [3], 
when the recess action of the driver on a reduction drive is 
greater than the approach action, then the corresponding 
step-up drive will be less efficient than the reduction drive. 
Thus, it is important to allow the definition of different 
efficiency values  and  respectively for forward and 
reverse power transmission through the gears, that can be 
generally different. The last two subscripts used both for 
efficiency and displacement specify the driving gear (i) and 
the driven gear (j) in the direct configuration. 
Figure 1 shows a common planetary gear set assembly with 
sun (S), planets (P), planet carrier (C) and ring (R). The 
Figure presents a typical example of gears configuration 
where there are meshing between both external gears (sun-
planet) and internal gears (planet-ring). 
The relations between the efficiency and the displacement 
of the meshing force due to the presence of friction, both 
for external and internal gears, are now discussed. 
Considering the mesh that involves the sun and planet gears 
(external gears), the relation between displacement and 
efficiency can be formulated as: 

 
 

(1)  

where the variables referred to the sun and to the planets are 
indicated respectively by subscripts s and p. Rs , Rp and Rr 
are the pitch circle radius of sun, planets and ring, while Rc 
is the distance between the center of EGT and the center of 
planets in the considered epicyclic arrangement. The direct 
efficiency corresponds to the case of planet driven by 
sun. 
The offset displacement of the ordinary gear train 
composed by the planet (external gear) and the ring 
(internal gear) can be calculated as: 

 
 

(2)  

P 

R 

C 

S 
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where subscript r refers to the ring. The direct efficiency 
 corresponds to the case of planet as driving gear and 

ring as the driven one. Once calculated and stored the direct 
( ) and inverse ( ) displacement values for each gear 
pair, it is necessary to appropriately select the right 
instantaneous value depending on the specific dynamic 
situation. 

3  MESH EFFICIENCY MODELING  
    FOR EPICYCLIC GEAR TRAIN 

Equations (1) and (2) are obtained considering the mesh 
between two gears with their axes fixed in the space, i.e. 
ordinary gear train, but the same equations can be applied 
also to a planetary gear set, where there is a carrier that 
moves the axes of the planet gears. It must be considered in 
that case, instead of the real absolute velocity, the velocity 
of the gears relative to the carrier speed; a kinematic 
inversion in fact cannot affect the power losses [2]. 
More specifically, if the tangential component of the 
meshing force exerted by gear j on gear i, indicated in the 
equations and Figures with , has the same direction as 
the relative pitch tangential speed (or the same sign of the 
angular speed of gear i relative to the carrier arm c, i.e. 

), the i component is the follower of the basic train 
under a kinematic inversion which makes the gear carrier 
fixed [7]. Conversely, if they have opposite directions, gear 
i is the driver. 
The expressions proposed in [5] were so extended including 
some new considerations explained in the following. The 
non linear expressions of the offset distance, based on the 
convention of sign of Figure 3, can be computed as follows: 

Sun-planet coupling: 

  

 
(3) 

 

Planet-ring coupling: 

  
(4)  

where  

   (5)  

 and the relative speeds are 

  

 

The former expressions of the offset distance can be 
extended to a generic case, considering gears i and j, where 
i is an external gear and j can be either an external or an 
internal gear. 

 

The generic formula is: 

  
(6)  

where 

  

 

(7)  

Figure 2 illustrates the two possible cases of meshing 
between external and internal gears. The carrier is 
represented as k. 
 

 

Figure 2- Offset distance positive sign convention  
for external (left) and internal gears (right). 

The first part of expression (6), i.e. , 
is used to have null offset distance and consequently a 
unitary efficiency in two particular cases: when there are no 
forces exchanged between the gears ( ), e.g. when 
the gears are completely unloaded, and when all the angular 
velocities of the gears are the same ( ). For 
instance, when  , the epicyclic gear 
train behaves like a unique component and the absence of 
relative motions involves that the loss in the teeth contacts 
is null.  
The second part of equation (6) accounts for all the other 
working conditions of the epicyclic gear pair. A specific 
function,  , is introduced  in order to alternatively activate 
or deactivate one of the two addends (the direct and inverse 
displacements) depending on the sign of the power of the 
ordinary gearing obtained through a kinematic inversion 
which makes the planet carrier fixed.  
An example of a possible operating condition covered by 
equations (3) and (4) appears when  is null, i.e. the sun is 
blocked ( ). Since the sun cannot deliver 
power at null speed, for sun-planet coupling the only 
possible driving gear is the planet and so eq. (3) should give 
the inverse displacement. Indeed, the meshing force of 
contact that acts on the sun gear causes a moment 
concordant with the sun relative angular velocity (

), then, the offset displacement is negative, i.e. 
inside of the sun pitch circle:  . 
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4  BEARINGS AND SEALS MODEL 

The analytical formulations of mechanical efficiency of 
ordinary and epicyclic gear trains usually consider only 
meshing losses. In the proposed dynamics equations further 
dissipative terms, such as bearings and seals resistant 
torques, are taken into account for all the four components 
(sun, planet, carrier and ring). These contributions, called 

, are defined opposite with respect to the angular velocity 
difference between the inner and the outer ring of the 
considered bearing. Thus it is important to correctly define 
the position of bearings and seals among the epicyclic 
assembly. A Coulomb friction model is adopted for the 
torque computation in order to take into account the 
possible change in the direction of rotation of the specific 
component. Considering in this case that the bearings of the 
ring are mounted between the ring gear shaft and the sun 
gear shaft, then the relative angular velocity between them 
is introduced as the argument of a sign function in the 
equations. The sun gear and the carrier are supported 
through bearings connected to the gearbox housing. 
Consequently the bearings and seals torques are: 

  

where for instance  stands for the bearings and seals 
torque acting on the ring shaft. The third subscript is 
introduced only if the bearing is placed between two 
moving elements of the gearing, otherwise, if is fixed to the 
ground, it is omitted. 

5  EGT KINEMATICS AND DYNAMICS 

5.1 SIGN CONVENTIONS 
As can be seen in Figure 3, the absolute angular velocities 
(and accelerations) of sun, ring, planet and carrier are 
assumed positive if they rotate in clockwise direction and 
the same applies to the torques.  
The tangential component of the meshing force is positive 
if causes a clockwise moment with respect to the center of 
the planetary gear set (point O in Figure 3). 
The offset distance  for sun-planet coupling, being both 
external gears, is assumed positive if located on the outside 
of the sun gear pitch circle and its instantaneous value is 
computed using equation (3). For planet-ring coupling, 
internal gears, the offset distance  (see eq. (4)) is assumed 
positive if located on the outside of the planet gear pitch 
circle, thus representing the case when it is the driving gear. 

5.2  KINEMATIC EQUATIONS 
The kinematic relation between the epicyclic gear train 
speeds can be expressed through the following matricial 
equation: 

 

 
 

(8)  

5.3  DYNAMIC EQUATIONS 
Considering the free body diagrams of ring, sun, carrier and 
planets represented in Figure 3 the dynamic equations 
written in matrix form are: 

 
(9)  

where [I] is the inertia matrix,  is the acceleration 
vector, {T} and {TB} are respectively the vector of input 
torques and the one of bearings and seals torques,  is the 
number of planets,  is a geometric matrix containing the 
radii of all the epicyclic elements and the displacements of 
the meshing forces, {Ft} is the vector of the tangential 
components of the meshing forces. 

 

Figure 3- Free body diagrams of the planetary gear train 

The additional equation to compute the tangential force 
exerted by the carrier on each planet is: 

 
(10)  

Equation (9) can be expanded in the following form: 

  

 

 

 

 

 
(11)  
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5.4  SOLUTION OF THE MOTION EQUATIONS 
In order to integrate the system of non-linear differential 
equations (11), ring and sun angular accelerations are 
chosen as independent variables. 

Therefore, eq. (11) can be separated into two parts: 

 (12)  

 (13)  

An expression for meshing forces vector can be found 
starting from equations (8), (12) and (13). By substituting 
the derivative of eq. (8) into (13) and pre-multiplying the 
resulting equation by  it yields: 

 
 

Then, the previous equation can be pre-multiplied by  
and substituted into eq. (12): 

  

 

Making some algebraic steps with the aim of isolating the 
vector of meshing forces it results: 

  

 

Then, pre-multiplying by  and 
dividing by  , the vector of meshing forces can be 
computed as: 

  

(14)  

Finally, to evaluate the ring and sun gears dynamics, the 
following equation has to be integrated: 

  (15)  

Dynamic equations (14) and (15) together with kinematic 
equation (8) are the final equations that can be implemented 
in a simulation environment for the virtual analysis of the 
dynamic system. They completely describe the kinematic 
and dynamic behavior of the epicyclic gear train with mesh 
efficiency and bearings/seals losses. 
It must be noted that the presence of friction between the 
tooth surfaces generates an algebraic loop in the model. In 
fact, eq. (6) is an algebraic relation between tangential force 
and displacement. Since the values of displacements (  
and ) must be known in order to compute the geometric 
matrices (  and ), and furthermore since these 

matrices appear also in the final expression of the tangential 
forces (14), it is evident that the problem exists. Thus, the 
system of equations can be iteratively solved, starting from 
the retained force values from the last iteration at the 
previous time step. 

6  STEADY-STATE MODEL VERIFICATIONS 

In order to check the validity of the dynamic model 
proposed in steady-state conditions, in this section an 
example of epicyclic gear set operation will be analysed in 
detail. More specifically both the dynamic equations (11) 
and the offset distance equations (3) and (4) are verified. 
During the considered tests, all the angular accelerations are 
set to zero, i.e. the four components are in equilibrium with 
constant external torques at constant speeds.  
Moreover mesh efficiency numeric values, obtained in 
steady-state conditions, were compared with the results of 
analytical formulations [7]. 

6.1  GRAPHICAL MODEL VERIFICATION 
The distribution of power between the epicyclic gear train 
elements for the analysed configuration is resumed in Table 
I. 

Table I – Working condition analysed 

Case Input Gear Output Gear Fixed Gear 
A S , R C - 

The power enters into the system both through the sun and 
through the ring gear, while it goes out from the carrier. To 
completely define the working condition of the EGT with 
the aim of describing its efficiency it is necessary to specify 
not only the power flow direction through the EGT but also 
the specific kinematic situation analysed [7]. Here it is 
assumed that the angular velocities of the sun and the ring 
have the same positive direction of rotation and that 

 . The kinematics of this mechanism is illustrated 
in Figure 4, together with the kinematic inversion that 
makes fixed the planet carrier; the velocities of the gears 
relative to the carrier are shown by black triangles.  

 

Figure 4 - Kinematics of Case A: Speeds distribution  
(to the left) and lever analogy (to the right). 

The equilibrium of the EGT members is depicted in Figure 
5. It is of interest to note that, despite the sun is a driver for 
the EGT, i.e.  , its relative angular velocity is 
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negative, therefore the product  . This 
negative power value identifies the driven gear under the 
kinematic inversion which makes the gear carrier fixed. 

 

Figure 5 - Equilibrium of the EGT elements considering 
Case A. The modulus is introduced in order to pick out  

the real direction of forces, speeds and torques. 

It is possible to verify the validity of (3), (4) and (11), by 
substituting the correct signs of forces, torques and angular 
velocities and comparing them with the awaited results 
reported in Figure 5. 
It was assumed that  and  have positive sense of 
rotation (clockwise), than by kinematics relation (8), it 
results that  and  have positive sense too and  
The tangential force exerted by the planet on the ring can be 
obtained starting from the dynamic equation of ring, i.e. 
first row of matrix equation (11), neglecting the inertial 
contribution and putting in evidence the absolute values of 
the single terms: 

  (16)  

It must be observed that the absolute values are introduced, 
both in equations and in figures, with the aim of facilitating 
the sign discussion of the results. Since the ring is a driver, 
the torque  has the same direction of its angular velocity 
and therefore its value is also positive, i.e. . 
Neglecting the dissipative terms, different from the mesh 
loss, i.e. , consequently  is negative. The 
graphical equilibrium reported in Figure 5 confirms the 
analytical solution obtained using the model.  
The sun is a driver too, therefore once again torque  has 
to have the same direction of its angular velocity and 
therefore its value is positive. Starting from the dynamic 
equation of the sun, i.e. second row of matrix equation (11), 
the tangential force exerted by each planet on the sun is: 

  (17)  

Neglecting the effect of bearing torques, this force is 
negative too, in agreement with Figure 5.  

The meshing forces acting on the planet are the opposite of 
those calculated before using eq. (16) and (17), that is they 
both are positive. Thus, they are coherent with the 
representation in Figure 5.  
The third row of matrix equation (11) together with eq.(10) 
considering also that  is negative since it is the follower, 
i.e. , allows to calculate the tangential 
component of force that carrier applies to each planet: 

  (18)  

In accordance with Figure 5 it shows a negative value.  
As mentioned before, in order to calculate the offset 
distances, it’s necessary to make the epicyclic gear train 
into ordinary gear train through a kinematic inversion, i.e. 
the angular speeds relative to the carrier must be 
considered. Referring to Figure 4, the relative velocity of 
the sun is negative, i.e. , and the meshing 
force exerted by the planet on the sun  is negative too. 
Eq. (5) with i=s and j=p gives: 

  (19)  

Being also 

   

it follows that 

 (20)  
Thus, substituting these values (19) and (20) into eq. (3) 
one obtains .  
Repeating the same analysis to the contact between planet 
and ring, it’s possible to observe that the relative velocity of 
planet is positive and the meshing force  is positive too. 
Thus, substituting the values into eq. (4), the offset 
displacement will be equal to  , as it is 
represented in Figure 5. 

6.2 MESH EFFICIENCY NUMERICAL VALIDATION 
USING ANALYTICAL METHODS 
The EGT dynamic model was implemented in a 
commercial modeling and simulation environment and the 
mesh efficiency values, obtained in steady-state conditions, 
were compared with the results of analytical formulations 
[7]. Obviously for this purpose the bearing/seals resistant 
torques were set to zero. 
The EGT dynamic model explained in the paper was 
coupled with one speed controller for each driving gear and 
one load for each driven gear of the EGT.  
Feed-forward terms are calculated and applied to the EGT 
elements, both to driving and to driven gears. They consist 
in the torques required to satisfy the equilibrium of the EGT 
in case of steady-state conditions and unitary efficiency, i.e. 
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In order to compensate for the differences in the 
equilibrium torques, with respect to the ideal case, due to 
the internal losses of the gear train, a speed controller for 
each driving gear and a quadratic load for driven gears are 
added. 
The load torque increases with the square of the difference 
between the instantaneous speed of rotation and the initial 
speed: 

    

where  is a proportionality constant.  

Speed controller is composed by the sum of the feed-
forward term and a PID feedback controller with the aim of 
keeping the controlled speed ( ) equal to its initial value 
( ): 

    

In this way, by specifying the initial conditions according to 
a specific power configuration to be analysed, thanks to 
load and speed controller, it is possible to reach the steady-
state equilibrium of the system and compare the results of 
analytical methods with simulation. The efficiency of the 
EGT, defined as the ratio of the power that comes out of the 
system by the power that comes in, is computed through the 
following generic expression: 

 
 

Once again the usage of function  allows to define a 
unique efficiency equation for all the possible EGT 
working conditions. If the sign of the i-th power is positive, 
it means that represents power entering into the system and 
so must be placed at the denominator of the efficiency 
equation, otherwise if the product between speed and torque 
is negative it is an output power and so should be at the 
numerator.  
All the possible working conditions in terms of power flows 
direction along the EGT were tested and the obtained 
simulation results are exactly the same of those obtainable 
using one of the method cited in [7]. 

7  CONCLUSIONS 

An epicyclic gear train dynamic model including mesh 
efficiency, bearings/seals losses and inertial effects were 
presented in the paper. The validity of the proposed model 
for a specific steady state working condition was 
demonstrated by analyzing the internal forces of the 
mechanism. In addiction the mesh efficiency value of the 
epicyclic gear train resulting from numerical simulations of 
the model were compared with analytical formulas; all the 
possible working conditions in terms of power flows 
direction along the EGT were tested and the obtained 

results using the two methods are exactly the same. The 
same approach used to insert the dissipative terms into the 
analysed gearing layout can be extended for the study of 
more complex epicyclic and ordinary gear train 
configurations. 
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Figure 1  Simple chart. 
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